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Abstract

The choice of the optimal rolling bearing depends on the boundary conditions and the
requirements of the application. This way, the rolling bearings are designed in terms of
their requirements of carrying capacity, the resulting frictional losses or the velocity limit
among others. The optimization of the internal geometry of rolling bearings for specific
applications is still a focus of study. Moreover, new rolling bearings, based on the existing
geometries have been developed in the recent years and are on continuous development up
to now.
One of the most commonly used rolling bearings for combined load when high load carrying
capacity is needed is the tapered roller bearing (TRB). Although this type of rolling bearing
has been used in widespread application, its relatively high friction losses occurring at the
rib contact are a spotlight for the engineers on this area of work. A solution for reducing
the frictional losses appearing at TRBs for applications where a high load carrying capacity
is needed is still being searched for. Many recent studies focus on the optimization of the
contact between the roller end and the raceway rib surface. On the contrary, this work
focuses on the development of a new type of rolling bearing, based on the existing TRB,
but where a rib contact is no longer needed.
First of all, the geometrical parameters defining the internal geometry of the rolling
bearings, more specifically the contact between the roller and the raceways, have been
studied. Moreover, several patents defining new geometries of rolling bearings have been
analyzed. Based on the correlations observed between the different geometrical parameters,
types of geometries and outcomes, the geometry of a new type of rolling bearing has been
developed. In order to study its behavior, a Multi-Body-Simulation (MBS) Model of the
new type of rolling bearing has been generated. Moreover, in order to validate the model, a
prototype of the geometry under study has been manufactured and experimentally tested.
The results obtained have been compared with the simulated results as well as with a
TRB of same main dimensions. After the validation of the model, several simulations
have been conducted in order to understand better the behavior of the new rolling bearing
design. To do so, a sensitivity analysis has been conducted. Within the analysis, the main
geometrical parameters defining the roller-raceway contact have been varied and their
influence on main outcomes examined. Finally, an application example of an axle-gearbox
for heavy-duty trucks is presented and its result compared with those of a tapered roller
bearing.



Kurzfassung

Die Auswahl des optimalen Wälzlagers wird durch die Randbedingungen und die vorherrschen-
den Anforderungen der entsprechenden Anwendung bedingt. Also gibt es unterschiedliche
Ausprägungen von Wälzlager was unter anderem die Anforderung an Tragfähigkeit, die
Reibungswiderstände und die Grenzdrehzahl angeht. Die Optimierung der internen Geome-
trie eines Wälzlagers gilt nach wie vor nicht als abgeschlossen. In den vergangenen Jahren
wurden weiter neue Wälzlager auf Basis der bereits vorhandenen Geometrien entwickelt.
Bis zum heutigen Tage finden neue Entwicklungen in diesem Bereich statt.
Ein typisches Wälzlager für kombinierte Belastung die eine hohe Tragfähigkeit aufweisen
sind Kegelrollenlager. Obwohl diese Art von Lager bereits in einer Vielzahl von An-
wendungen zum Einsatz kam stellt der relativ hohe Reibungsverlust des Lagers, der am
Bordkontakt auftaucht, den Fokus vieler Überlegungen von Ingenieuren aus diesem Bereich
dar. Eine Lösung des genannten Problems der hohen Reibungsverluste eines Kegellagers
am Bordkontakt, bei der Anforderung eine hohe Tragfähigkeit aufzuweisen, konnte bislang
nicht gefunden werden. Der Fokus von vielen neueren Studien in diesem Bereich liegt
auf der Optimierung des Kontaktes zwischen dem Rollen und den Bord des Innenrings.
Im Gegensatz zu diesem Ansatz befasst sich die vorliegende Arbeit mit der Entwicklung
eines neuen Wälzlagers welches auf dem Kegelrollenlager basiert, bei dem jedoch kein
Bordkontakt mehr nötig ist.
Zunächst fand eine Untersuchung der geometrischen Parameter, welche die interne Ge-
ometrie eines Wälzlagers bestimmen, genauer gesagt welche den Kontakt zwischen dem
Wälzkörper und der Laufbahn bestimmen, statt. Darüber hinaus wurden verschiedene
Patente, welche neue Geometrien von Wälzlagern offenbaren analysiert. Letztlich wurde
die Geometrie eines neuen Wälzlagers entwickelt basierend auf den Korrelationen, die zwis-
chen den verschiedenen geometrischen Parametern und den verschiedenen Geometrien und
deren Ergebnissen, aufgezeigt werden konnten. Um Verhaltensmuster der neuen Art von
Wälzlager studieren zu können, wurde ein Mehrkörpersimulation (Multi-Body-Simulation,
MBS) Modell angefertigt. Des Weiteren wurde ein Prototyp der zu untersuchenden Geome-
trie hergestellt und experimentell getestet mit dem Ziel der Validierung des Modells. Die
so generierten Daten wurden sowohl mit den simulierten Ergebnissen als auch mit einem
Kegelrollenlager mit den gleichen Hauptabmessungen verglichen. Nach der Validierung
des Modells fanden mehrere Simulationen statt mit dem Ziel das Verhalten des neuen
Wälzlagertyp besser zu verstehen. Um dies zu ermöglichen wurde eine Sensitivitätsanalyse



durchgeführt. Während des Analysevorgangs wurden die Hauptgeometrischen Parameter
die einen Wälzkörper-Laufbahn Kontakt ausmachen variiert und deren Einfluss auf das
Hauptergebnis untersucht. Letztlich werden die Ergebnisse des Vergleichs eines Anwen-
dungsbeispiels bei einem Achsgetriebe in Schwerlastfahrzeugen mit dem neuen Wälzlager
und einem Kegelrollenlager dargestellt.



Contents

1 Introduction 1

2 State of the art 3
2.1 Fundamentals of rolling bearings . . . . . . . . . . . . . . . . . . . . . . . . 4

2.1.1 Contact type and pressure distribution . . . . . . . . . . . . . . . . 4
2.1.2 Geometrical characteristics of rollers . . . . . . . . . . . . . . . . . 5
2.1.3 Rib Contact . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 11
2.1.4 Lifetime calculation . . . . . . . . . . . . . . . . . . . . . . . . . . . 13
2.1.5 Kinematics . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 17

2.2 Rolling bearing types . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 18
2.2.1 Tapered roller bearings . . . . . . . . . . . . . . . . . . . . . . . . . 19
2.2.2 Barrel roller bearings . . . . . . . . . . . . . . . . . . . . . . . . . . 20
2.2.3 Toroidal roller bearings . . . . . . . . . . . . . . . . . . . . . . . . . 21
2.2.4 Spherical roller bearings . . . . . . . . . . . . . . . . . . . . . . . . 22

2.3 Rolling bearing friction . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 23
2.3.1 Movement and friction types . . . . . . . . . . . . . . . . . . . . . . 24
2.3.2 Friction conditions . . . . . . . . . . . . . . . . . . . . . . . . . . . 28
2.3.3 Elastohydrodynamics . . . . . . . . . . . . . . . . . . . . . . . . . . 29

2.4 Dynamic simulation of rolling bearings . . . . . . . . . . . . . . . . . . . . 31

3 Motivation, Objectives and Strategy 33
3.1 Motivation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 33
3.2 Aim of the work . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 34
3.3 Approach . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 35

4 Geometrical Definition 37
4.1 Foundations . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 37

4.1.1 Skew movement . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 37
4.1.2 Angular toroidal roller bearing . . . . . . . . . . . . . . . . . . . . . 39
4.1.3 Corrected geometry for loaded rollers . . . . . . . . . . . . . . . . . 41
4.1.4 Four point contact . . . . . . . . . . . . . . . . . . . . . . . . . . . 45
4.1.5 Summary . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 49

4.2 Geometry under study . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 51



5 Simulation Modeling 55
5.1 Model structure . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 56
5.2 Contact calculation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 57

5.2.1 Discretization models . . . . . . . . . . . . . . . . . . . . . . . . . . 58
5.2.2 Mathematical determination . . . . . . . . . . . . . . . . . . . . . . 59
5.2.3 State Variables . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 64

5.3 Contact force and load distribution . . . . . . . . . . . . . . . . . . . . . . 65
5.4 Friction calculation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 66
5.5 TRB Model . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 67

5.5.1 Rib contact . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 68
5.5.2 Hydraulic losses . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 69

6 Experimental testing 70
6.1 Prototyping . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 70

6.1.1 Load ratings and calculation factors . . . . . . . . . . . . . . . . . . 71
6.2 Test bench . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 73
6.3 Model validation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 75

6.3.1 Previous experiments . . . . . . . . . . . . . . . . . . . . . . . . . . 75
6.3.2 Prototype . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 76

6.4 Comparison with a TRB . . . . . . . . . . . . . . . . . . . . . . . . . . . . 79

7 Simulation results and application example 82
7.1 Prototype . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 82
7.2 Sensitivity Analysis . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 86

7.2.1 PCR of the roller . . . . . . . . . . . . . . . . . . . . . . . . . . . . 89
7.2.2 Contact angle . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 91
7.2.3 Osculation . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 93
7.2.4 Contact points location . . . . . . . . . . . . . . . . . . . . . . . . . 94
7.2.5 Dependencies . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 97

7.3 Workflow . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 102
7.4 Application Example . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 105

7.4.1 Fundamentals of differential and pinion bearings . . . . . . . . . . . 105
7.4.2 Boundary conditions . . . . . . . . . . . . . . . . . . . . . . . . . . 106
7.4.3 Optimization and simulation results . . . . . . . . . . . . . . . . . . 107

8 Summary and Outlook 112
8.1 Summary . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 112
8.2 Outlook . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 114



A Annex 116
A.1 Boundary conditions for the MBS Model . . . . . . . . . . . . . . . . . . . 116

A.1.1 Specific boundary conditions for the prototype and a TRB 32208 . 116
A.1.2 Specific boundary conditions for the application example of a pinion

bearing . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 117
A.2 Optimization process of the application example of a pinion bearing . . . . 118

A.2.1 Optimization for a geometry with the same main dimensions as a
TRB 31313 . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 118

A.2.2 Optimization for a geometry with longer 𝐿𝑤𝑒 than a TRB 31313 . . 120
A.2.3 Optimization for a geometry with bigger 𝛼 than a TRB 31313 . . . 120

Literaturverzeichnis 122



List of Symbols

Variable Description Unit

𝑎𝐴 Distance from the BA to the PA mm
𝑎𝑃 Distance between contact points mm
𝑎𝑃𝑘 Distance from one contact point to the roller end mm
𝐵 Rolling bearing width mm
𝐵𝐴 Bearing axis mm
𝑏𝑚 Load rating coefficient -
𝐶0 Dynamic load rating N
𝐶0 Static load rating N
𝑑 Rolling bearing bore diameter mm
𝐷 Rolling bearing outside diameter mm
𝐷𝑝𝑤 Pitch diameter mm
𝐷𝑤𝑒 Roller diameter mm
𝑒 Calculation factor for the dynamic load ratings -
𝐹 Force N
𝐹𝑎 Axial force N
𝑓𝑐 Load rating coefficient -
𝐹𝑁 Normal force N
𝐹𝑟 Radial force N
𝐹𝑅 Frictional force N
𝐹𝑇,𝐿,𝑠 Lubricant sliding force N
𝐹𝑇,𝑆,𝑠 Solid body sliding force N
ℎ0 Lubricant film height mm
ℎ𝑚𝑖𝑛 Minimum lubricant film height mm
𝑖 Number of roller rows -
𝐿10 Nominal fatigue life 106 revolutions
𝐿𝑤𝑒 Effective roller length mm
𝑀 Frictional torque Nmm
𝑀𝑇,ℎ𝑦𝑠 Material hysteresis torque Nmm
𝑀𝑇,𝐿,𝑟 Lubricant rolling torque Nmm
𝑀𝑇,𝐿,𝑠 Lubricant sliding torque Nmm
𝑀𝑇,𝑆,𝑟 Solid body rolling torque Nmm



𝑀𝑇,𝑆,𝑠 Solid body sliding torque Nmm
𝑛 Rotational velocity rpm
�⃗� contact normal -
𝑛𝐶 Rotational velocity of the cage rpm
𝑛𝐼𝑅 Rotational velocity of the inner ring rpm
𝑛𝑂𝑅 Rotational velocity of the outer ring rpm
𝑛𝑅 Rotational velocity of the roller rpm
𝑝𝑅 contact normal to the slice -
𝑝𝑅𝑊 contact normal to the raceway -
𝑝 Calculation factor for the nominal fatigue life -
𝑃 Equivalent dynamic load N
𝑃0 Equivalent static load N
𝑝𝐸𝐻𝐿 Pressure distribution in EHL contacts MPa
𝑝𝐻 Hertzian pressure distribution MPa
𝑃𝐴 Axis of the center of curvature mm
𝑝 contact point -
𝑝𝑅 contact point vector on the roller mm
𝑝𝑅𝑊 contact point vector on the raceway mm
𝑝𝑆 central point vector of a slice mm
𝑃 (𝑥𝑘) Profile function mm
𝑟 Rolling bearing bore radius mm
𝑅 Rolling bearing outside radius mm
𝑅0 Radius of a circular crowned profile mm
𝑟𝑒 transverse raceway radius mm
𝑟𝑒𝑐 circumferential raceway radius mm
𝑟𝑆 Slice radius -
𝑠 Geometrical parameter defining the osculation mm
𝑆0 Static load-bearing safety -
𝑢 Circumferential velocity m/s
𝑢0 Summation of the circumferential velocities of two bodies

in contact
m/s

𝑢𝐶 Circumferential velocity of the cage m/s
𝑢𝐼𝑅 Circumferential velocity of the inner ring m/s
𝑢𝑅 Circumferential velocity of the roller m/s
𝑢𝑟𝑒𝑙 Difference of the circumferential velocities of two bodies

in contact
m/s

𝑊 External load N
𝑋 Dynamic radial load factor -
𝑋0 Static radial load factor -



𝑥𝑘 Distance from the center of the slice 𝑘 to the center of
the rolling element

mm

𝑌 Dynamic axial load factor -
𝑌0 Static axial load factor -
𝑍 Number of rollers -
𝛼 Contact angle °
𝛽 Load angle °
𝛿 Penetration mm
𝛾 Taper angle °
𝜅 Osculation -
𝜅1 Misalignment factor parameter for toroidal roller bear-

ings
-

𝜇 Coefficient of friction -
𝜇𝑚𝑖𝑛 Point of minimal friction -
𝜔 Angular velocity 𝑠−1

Φ Solid load-bearing component -
Λ Specific lubricating film hight mm
𝜃𝑎 Tilting angle of the shaft °



Abbreviations

Abbreviation Description

3D Three dimensional
AST Alternative Slicing Technique
BA 6 Bearing Axis
BEAST Bearing Simulation Tool
BRAIN Bearing Analysis in NSK
Caba3D Computer Aided Bearing Analyser 3D
CAD Computer Aided Design
CARB Compact Aligning Roller Bearing
CFD Computational fluid dynamics
CoDaC Calculation of Drag and Churning
COF Coefficient of Friction (𝜇)
CPD Contact Potential Difference
DIN Deutsches Institut für Normung
EHL Elastohydrodynamic Lubrication
FEM Finite Element Model
GBLM Generalized Bearing Life Model
MBS Multi-Body Simulation
MEGT Chair of Machine Elements, Gears and Tribology
PCR Profile curve radius
𝑃𝐶𝑅𝐿𝐵 Profile curve radius of the raceway
𝑃𝐶𝑅𝑅 Profile curve radius of the roller
SRR Slide-to-Roll ratio
TRB Tapered roller bearing
TSRB Tapered spherical roller bearing



1 Introduction

The main goal when designing a rolling bearing is to connect two components that move
relative to one another and the associate transfer of forces while minimizing the total
frictional torque between the parts. Because of their versatility, low friction and high
power density, rolling bearings are one of the most frequently used machine elements.

The relative movement of two bodies in contact is always associated with a resistance that
counteracts this movement. This resistance is the resultant of the friction that takes place
in the contact between the two bodies. Rolling bearings are made up of several mechanical
elements mounted and in contact with each other. The various contacts between these
elements are subject to different types of friction, depending on the type of relative velocity
between the elements. Since the reduction of the overall losses is the ultimate goal when
designing a mechanical element, in order to minimize the friction taking place, the design
of all its components is carefully studied and constantly optimized.

Depending on the direction of movement between the two components, rolling bearings can
be separated between translational (linear motion) and rotatory movement (e.g. shaft and
housing). Based on the main load direction, rolling bearings can as well be differentiated
into radial or axial bearings. This work is focusing on rotary radial bearings.
Generally speaking, rotary radial bearings consist of two concentric rings, provided with
raceways, between which the rolling elements are embedded and allowed to roll. Both
inner and outer ring are firmly connected to the relatively moving components, in most
of the cases shaft and bearing housing. In some cases, the rolling elements are guided
by a cage, maintaining a constant distance between them. A scheme of a rolling bearing
structure is shown in Figure 1.1 [Wan15]. The function of the rolling elements is to ensure
the relative movement of the two rings by rolling. Due to elastic deformation, in addition
to pure rolling, sliding takes place between the contact partners. This combination of pure
rolling and sliding motion results in the characteristic rolling motion of all rolling bearings,
which is associated with low resistance and, therefore, low frictional losses.
Depending on the shape of the rolling elements, according to DIN 611 [DIN10b], rolling
bearings can, likewise, be divided into ball (e.g. deep groove ball bearings or angular
contact ball bearings) and roller bearings. The shape of the roller and its profile is a
complex and extensive research field. Broadly speaking, rollers are divided into cylindrical,
tapered and barrel rollers. Nevertheless, due to the profiling of the rollers, we can find both
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cylindrical and tapered rollers with a spherical or logarithmic profile. The different types of
profiling, as well as other geometrical characteristics of the rollers are explained in section
2.1.2. Depending on the size of the rollers and their arrangement, the rolling bearings with
rollers as rolling elements can be divided into: cylindrical and needle (cylindrical rollers),
tapered (tapered rollers), barrel, spherical and toroidal (barrel rollers) roller bearings. An
overview of the most common rolling bearing types is shown in section 2.2.

Figure 1.1: Structure of an exemplary rolling bearing of a deep groove ball bearing (left)
and a cylindrical roller bearing (right).[Wan15]

The selection of the best rolling bearing type for a specific application is usually made
taking the existing operating conditions into account. Above all, the static and dynamic
load ratings of the rolling bearing play an important role in the selection process. Other
parameters listed in the rolling bearing catalogs, like the size or limit speeds can be used
as auxiliary variables.
These variables are all strongly influenced by the geometric parameters defining the rolling
elements and are the basis for determining the rolling bearing life.
The design and dimensioning of rolling elements based on the operating conditions, its
influence on the static and dynamic behavior of the rolling bearing and ultimately on the
total frictional losses and bearing life, is the main focus of this thesis work.



2 State of the art

The field of rolling bearings is very extensive. This section focuses on the principles
relevant for this work. An overview of this section is shown in Figure 2.1. Since the work
focuses on the variation of the roller and raceway geometries, the first subsection (2.1)
focuses on the parameters defining those geometries and their influence on the contact
between them. Special attention goes to the definition of the rib contact and its influence
in the behavior of rolling bearings, described in section 2.1.3. Afterwards, the way those
parameters influence the lifetime and kinematic of the rolling bearing is presented in
sections 2.1.4 and 2.1.5.
This work focuses on the reduction of the frictional torque resulting on the contact between
roller and raceway. Therefore, section 2.3 describes the types of friction and friction
conditions relevant for rolling bearings.
An overview of the standard rolling bearing types, their geometrical definition as well
as their applications is summarized in section 2.2.1. The fundamentals of the dynamic
simulation of rolling bearings, the basis of the simulations conducted within this work, is
presented in section 2.4.

Figure 2.1: Overview of the chapter State of the Art
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2.1 Fundamentals of rolling bearings

2.1.1 Contact type and pressure distribution

The transmission of forces between inner and outer ring takes place via the rolling elements.
These forces generate loaded contact areas, especially between the rolling elements and
the raceways. At these areas, elastic deformation takes place in form of a flattening or
depression. As a result, a contact pressure distribution appears around the contact point.
Theoretically, an elliptical contact area results from the point contact with ball bearings
(see Figure 2.2 left). On the other hand, a rectangular contact area results from the line
contact with roller bearings (see Figure 2.2 right). The theoretical pressure distribution in
the rolling element resulting from both types of contact is represented with red lines.
Compared to a ball, the rollers have a larger contact area perpendicular to the roller axis.
As a result, it can transmit higher forces, has greater rigidity and it allows the application
of smaller rolling elements under the same load. For cases with a line contact, the longer
the contact length along the roller axis is, the higher the resulting rolling friction is.

Figure 2.2: Point vs. Line contact.(Wang)

The geometry of the rolling element and the raceways defines the contact behavior at the
rolling element-raceway contact. This contact is, for the majority of the situations, the
most important in terms of friction losses, being primarily responsible of the resultant
total friction (in cases of mixed friction, the rib contact plays and important role and has
to be as well studied (see section 2.1.3). Within this work, the focus lays on the geometry
of the rollers. There are many geometrical parameters defining the geometry of a roller.
The next section gives an overview of the most important geometrical parameters of a
roller.
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2.1.2 Geometrical characteristics of rollers

Contact and taper angle The contact angle 𝛼 indicates the orientation of the
contact line. The contact line is in turn defined by the perpendicular to the tangent
between the rolling elements and the raceways. According to the contact angle and thus
the preferred load direction, a distinction is made between two types of rolling bearings.
This is: axial bearings, where the contact angle is bigger than 45° and radial bearings,
where the contact angle is smaller than 45°. Depending of the type of roller bearing, radial
roller bearings might be as well subjected to a high external axial force (e.g., tapered roller
bearings). The angle that the resultant of the external bearing radial force 𝐹𝑟 and the
axial force 𝐹𝑎 forms to the vertical, is called the load angle 𝛽. Furthermore, this angle
determines the direction of the external force. It should not be confused with the contact
angle 𝛼, which defines the direction in which the bearing force is transmitted between the
outer and inner ring [HB96] (see Figure 2.3).

Figure 2.3: Contact angle 𝛼 and taper angle 𝛾 defining the geometry of a tapered roller
bearing. Load angle 𝛽 between the radial force 𝐹𝑟 and the axial force 𝐹𝑎

When choosing a bearing and its corresponding contact angle, two parameters have to be
taken into consideration in order to maximize the life time: the dynamic bearing load, and
the load rating. Both parameters are highly influenced by the contact angle of the bearing.
In general terms, the highest load-bearing capacity for a bearing is obtained when 𝛼 ≈ 𝛽.
The influence that the contact angle has in the dynamic bearing load and the load rating
and thus, the life time of the bearing, is explained in section 2.1.4. The contact angle is
influencing the resultant velocities of both cage and rollers as later explained in section
2.1.5.
When the contact angle is bigger than zero, the surface lines of the rollers should intersect
at a point at the bearing axis in order to provide an optimal kinematic behavior by
minimizing the slippage and drilling friction. This way, an even distribution of pressure
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with its maximum on the middle of the rolling surface can be obtained for purely radially
loaded bearings and non-tilted rolling elements. Furthermore, it allows for a symmetrical
pressure distribution of the rollers and ultimately reduces slippage [Neu17][Nak76]. The
geometrical constrain of the surface lines intersecting at a point at the bearing axis turns
into a taper angle 𝛾 of the rollers that can be defined in terms of the contact angle (𝛼),
the diameter of the roller (𝐷𝑤𝑒) and the pitch diameter of the rolling bearing (𝐷𝑝𝑤) as
follows:

𝛾 = 𝑎𝑡𝑎𝑛

(︃
𝐷𝑤𝑒

𝐷𝑝𝑤/𝑠𝑖𝑛𝛼

)︃
(2.1)

With the taper angle defined before, the rolling elements have a characteristic cone-shaped
geometry. This geometry is characterized by symmetrical taper angles of the inner and
outer ring raceways in relation to the rolling bearing axis. When the rolling elements are
loaded, because of this cone-shaped inner geometry, the forces acting on the outer ring 𝐹𝑂

and the inner ring 𝐹𝐼 result into a normal force acting on the flange of the inner ring 𝐹𝑅

(see Figure 2.4). In order to absorb this resulting axial force, a rib in the inner ring has to
be provided.
The geometry of the roller end and the rib surfaces in a tapered roller bearing (TRB) is
such, that a point contact and the resulting elliptical contact area existing between them.
Figure 2.4 illustrates the load situation and the contact point and pressure area appearing
at the contact. [KD11; Kor11]

Figure 2.4: Forces on a tapered roller bearing

For geometries where the contact angle is zero, the raceway contact will not be able to
carry axial loads. In cases where axial forces appear, a rib contact has to be as well
provided. The contact between the rolling elements and the rib of the inner ring is of great
importance in terms of transmission of forces and friction behavior. The friction appearing
at this contact is pure sliding, with a relatively higher coefficient of friction compared to
the roller-raceway contact. This friction plays a particularly important role in TRB, being
the reason of the high friction losses appearing in mixed friction regime for this type of
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rolling bearing. Therefore, the need of a rib contact should, if possible, be avoided. The
proportion of this friction to the total friction losses of the roller bearing depends on many
factors e.g., rotational speed, load, lubrication; all affecting the lubrication condition at
the flange. In cases of mixed friction, the friction losses at the flange are at its maximum
and dominate over the others.

Profiling of the roller In section 2.1.1, for the case of a roller, an even pressure
distribution in the longitudinal direction is presupposed. In reality, however, there is a
pressure peak due to the stress concentration and thus a widening of the pressure area
in the edge area of an unprofiled cylinder [Reu87] (see Figure 2.6a). These stress peaks
have a decisive influence on the load-bearing capacity and the service life. In order to
avoid these stress peaks, cylindrical and tapered rollers are nowadays manufactured with a
profile. This way, the outer surface of the roller is not longer purely cylindrical or conical,
but with a certain curvature. The stress distribution at the contact area between the
rollers and raceways is thus determined by the contact profile of the rollers. This profiled
surface leads to a more even distribution of pressure compared to the unprofiled surface.
The profiles of the different rolling bearing manufacturers can differ from one another.
As a general reference for the profiling of the roller, the logarithmic profile described by
Lundberg [Lun39] can be set. The logarithmic profile and the corresponding equations
for cylindrical and tapered rollers are described in DIN 26281 [DIN11] as follows:

For cylindrical roller bearings:

If 𝐿𝑤𝑒 ≤ 2,5 ·𝐷𝑤𝑒:

𝑃 (𝑥𝑘) = 0,00035 ·𝐷𝑤𝑒 · 𝑙𝑛

⎡⎢⎣ 1
1−

(︁
2·𝑥𝑘
𝐿𝑤𝑒

)︁2

⎤⎥⎦ (2.2)

If 𝐿𝑤𝑒 ≥ 2,5 ·𝐷𝑤𝑒 and |𝑥𝑘| ≤ 𝐿𝑤𝑒−2,5·𝐷𝑤𝑒
2 :

𝑃 (𝑥𝑘) = 0 (2.3)

If 𝐿𝑤𝑒 > 2,5 ·𝐷𝑤𝑒 and |𝑥𝑘| > 𝐿𝑤𝑒−2,5·𝐷𝑤𝑒
2 :

𝑃 (𝑥𝑘) = 0,0005 ·𝐷𝑤𝑒 · 𝑙𝑛

⎡⎢⎣ 1

1−
[︁2·|𝑥𝑘|−(𝐿𝑤𝑒−2,5·𝐷𝑤𝑒)

2,5·𝐷𝑤𝑒

]︁2
⎤⎥⎦ (2.4)

For tapered roller bearings:

𝑃 (𝑥𝑘) = 0,00045 ·𝐷𝑤𝑒 · 𝑙𝑛

⎡⎢⎣ 1
1−

(︁
2·𝑥𝑘
𝐿𝑤𝑒

)︁2

⎤⎥⎦ (2.5)
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Another commonly used profile type is the circular crowned profile. This profile sets the
basics for the geometrical definition of a barrel roller bearing. Figure 2.5 shows a graphical
representation of a circular crowned profiled for a tapered roller. With the parameters
represented on it, the circular crowned profile follows the equation:

𝑃 (𝑥𝑘) = 𝑅0 −
√︁

𝑅02 −𝑥𝑘
2 (2.6)

Figure 2.5: Geometrical dimension of crowned tapered roller/raceway contact.

Figure 2.6 shows some examples of contact profiles and their resulting pressure distribution
compared to an unprofiled cylinder. In the first column of pictures, a lower load is applied
to the roller. In the middle column, a higher load is applied, so that for every type of
contact profile the whole contact length is loaded. In the third column, the load is not
applied in the middle of the roller but displaced, so that an uneven distribution of pressure
takes place along the contact length.

Figure 2.6: Influence of the rolling profile on the load distribution for cylindrical (a),
spherical (b), cylindrical-spherical (c) and logarithmical (d) profiles [Reu87].
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It can be observed, that stress concentrations can however still appear in profiled rolling
elements under various circumstances: when the load increases, when an eccentric force is
applied or when the rolling bearing is tilted. For this reason, a very precise calculation of
the stress distribution in linear contacts has to be done. For this propose, slice models
will be used. More information about the existing slice models and its implementation in
the Multibody Simulation Model is explained in section 5.2.1.

Barrel radius A barrel roller is ultimately a completely profiled cylinder roller. Its
profile follows equation (2.6), where the total length of the roller has a profile defined
by a profile curve radius (𝑅0 = 𝑃𝐶𝑅). An example of a barrel roller is shown in Figure
2.6.b. This type of roller is commonly used for compensating angular misalignment where
skewing takes place between the outer and the inner ring. For rollers where the contact
surface is barrel-shaped, different behaviors can be observed depending on how the radius
of the roller is defined. In these terms, we have barrel or spherical roller bearings (where
the center of the PCR lays at the bearing axis) and toroidal roller bearings (where the
center of the PCR lays at an axis further apart from the roller than the bearing axis). The
location of the center of the PCR for toroidal rollers is represented in Figure 2.7 by the
bigger PCR on the right side of the picture. By the fact that the PCR of the raceways
and the rollers in such bearings are considerably greater than corresponding radii in e.g.,
spherical roller bearings with corresponding radial measures, the rollers can be made longer
than what is possible in such spherical bearings. This characteristic enhances the radial
load carrying capacity of the rolling bearing. Other geometries, where the profile curve
radii of the raceways are smaller than for spherical roller bearings (smaller radius on the
left side of Figure 2.7), have been described in different patents [Gre19][KKL16], and are
yet to be studied.

Figure 2.7: Different profile curve radii (PCR) of the roller

As in every angular-contact ball bearing, a drilling friction results from a contact diameter
that is not orthogonal to the axis of rotation of the roller. This turns into a bigger drilling
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friction, the smaller the PCR is. This, as well as other types of frictions, are explained in
section 2.3.1.
When varying the PCR of the rollers, their crowning changes. When increasing the PCR,
a flatter roller results, increasing the axial displacement of the roller. This behavior is due
to the fact that the angle between the acting axial load and the roller surface absorbing
this load is decreased. Figure 2.8 shows two rollers with different PCR: a roller with
lower PCR (a), therefore higher angle between the acting axial load and the roller surface
absorbing this load and a roller with higher PCR (b), therefore lower angle between the
acting axial load and the roller surface absorbing this load.

Figure 2.8: Influence of the PCR on the resulting angle between the acting axial load and
the roller surface absorbing this load for an example with zero contact angle

Osculation and contact area For all rolling bearings with a curved raceway profile
in the axial section, the profile of the raceway has a slightly larger radius than the profile of
the rolling element. This difference in the curvature in the axial plane is characterized by
the osculation. For barrel, toroidal and spherical roller bearings, the osculation is defined
as the ratio between the PCR of the rollers and the PCR of the raceway. It follows the
equation:

𝜅 = 1− 𝑃𝐶𝑅𝐿𝐵 −𝑃𝐶𝑅𝑅

𝑃𝐶𝑅𝑅
(2.7)

The length of the contact area existing between rollers and inner and outer ring is highly
influenced by the osculation. In these terms, a narrower osculation (𝜅 → 1) turns into a
bigger contact length. The size of the contact area directly affects parameters like frictional
torque, maximum pressure and load ratings. Figure 2.9 shows a plain representation of
different osculations and its resulting contact length for a ball bearing and a barrel roller
bearing.



2.1.3 Rib Contact 11

Figure 2.9: Influence of the osculation in the resulting contact length

2.1.3 Rib Contact

At the contact between the roller-end and the raceway rib, all three types of friction types
occur superimposed: sliding friction, rolling friction and drilling friction. Furthermore, the
frictional forces on the rib result in a moment that causes the rolling element to skew.
The contact between the roller-end and the raceway rib surface plays a particularly
important role in tapered roller bearings. This contact supports both, the external axial
force as well as the axial force component resulting from an external radial force acting on
the different taper angles of the inner and outer ring. Although the external axial force
has a bigger effect on the rib load, an axial force is always present, event for pure radial
loads. As a result, this contact point has a decisive influence on the functionality and
losses of this type of rolling bearing, especially in mixed friction regime.
A kinematic property of rolling bearings with significant rib forces is the rolling element
skew caused by them (see Figure 2.10). This skew movement is mainly caused by the
resulting friction at the rib surface. Since the forces that occur depend on the lubrication
conditions, load, speed and surface properties, it is not possible to determine the skew
based on the geometry alone. The rolling element skew is very difficult to measure.

Figure 2.10: Skew movement of the roller resulting from the friction occurring at the rib
contact



12 2.1 Fundamentals of rolling bearings

Yang et al. developed a measuring method using contact potential difference (CPD)
with which you can successfully measure the rolling element skew [YDH99; YDH00a;
YDH00b]. Their measurements show that the skew changes during operation and that
there is a noticeable scattering between the rolling elements. The authors presented an
empirically derived equation which relates the rolling element skew to basic bearing data.
The tests show a skew in the range between 0.15 and 0.6 °. Yang et al. come therefore
to the conclusion that the correct description of friction in the rib contact is of essential
importance for mapping the bearing behavior.
In [ZQH88], Zhang et al. developed a EHL (Elastohydrodynamic Lubrication) model for
the contact between the roller end and the raceway rib surface in tapered roller bearings.
The investigations come to the conclusion that the non-Newtonian behavior plays a decisive
role in the prediction of the frictional torques and that at high speed the influence of
the temperature on the minimum lubricant film height and the frictional torque cannot
be neglected. As part of his work, Koch developed the three-dimensional quasi-static
calculation model Zyroax for combined loaded cylindrical roller bearings [Koc08] in which
both the description of the raceway and the rib contacts are based on discretized contact
models. It describes the interactions between raceway and rib contact and their influence
on the service life. The frictional forces on the rib cause the rolling elements to tilt and
therefore sets a mutual influence on the pressures in the contact points.
An extension of the rolling bearing calculation tool of the Forschungsvereinigung Antrieb-
stechnik e.V. (LAGER2) to include rolling bearing friction torques is shown in [WJO15],
these are the basics described in [WP13]. The friction in the rib contact is also dealt with.
A comparison with test bench measurements on tapered roller bearings of type 31312A
shows good accordance between the calculation model and the test results. At the same
time, the influence of the rib friction, which dominates in mixed friction regime, due to
the prevailing sliding friction is also evident (see Figure 2.11).

Figure 2.11: Calculation of the frictional torque components for a TRB 31312A [WP13]
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Kiekbusch simulated in his work [Kie17] different geometries combinations for the
raceway-end rib surface contact. In contrast to Koch’s approach, who defined the rib
contact through a single point contact, within the framework of his work, Kiekbusch
discretized the rib contact surface using a cell model, allowing the correct consideration of
the non-elliptical contact surface. Overall, the results of the developed models could be
confirmed with the results from [Koc08], which proves the correct modeling of the resulting
rib forces.

2.1.4 Lifetime calculation

With sufficient lubrication and cleanliness as well as medium to high loads, the bearing
life ends due to fatigue damage that progresses from the inside of the material to the
running surface. Likely, the fatigue process begins with material inhomogeneities when
the shear threshold strength is exceeded. The tensions appearing in the material below
the contact surface are decisive for their mechanical stress. Nevertheless, coefficients with
force dimensions are being used in the bearing calculation. These are: the equivalent static
(𝑃0) or dynamic load (𝑃 ) for the stress and the static (𝐶0) or dynamic load rating (𝐶) as
a measure of the load capacity. The terms static and dynamic do not relate to changes
in the external load, but to the angular velocity of a bearing. The basic load ratings as
defined in [DIN09b] and [DIN10a] are as follows:

Static load ratings
If a bearing stands still, pivots or rotates slowly, it is considered to be statically stressed.
If high, static or shock loads occur, the raceways and rolling elements may undergo plastic
deformation. This deformation limits the static load carrying capacity of the rolling
bearing with respect to the permissible noise level during operation of the bearing. In
this case, the static load-bearing safety (𝑆0) is also a coefficient to be checked. The static
bearing load 𝑃0 is defined as the load that induces the same load at the center point of
the most heavily loaded contact point between the rolling element and raceway as the
combined load occurring in practice. The static bearing load can be obtained from the
following equation:

𝑃0 = 𝑚𝑎𝑥(𝑋0 ·𝐹𝑟 +𝑌0 ·𝐹𝑎,𝐹𝑟) (2.8)

For roller bearings with one row of roller, as it is the case under study in this work, the
parameters 𝑋0 and 𝑌0 can be calculated as follows:

𝑋0 = 0,5
𝑌0 = 0,22 · 𝑐𝑜𝑡𝛼

(2.9)

The basic static load rating 𝐶0 is defined as the load under which the Hertzian pressure
at the most heavily loaded point between the rolling elements and raceways reaches the
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value of 4000 𝑁/𝑚𝑚2 for roller bearings. The following equation can be used in order to
obtain the static load rating:

𝐶0 = 44 ·
(︃

1− 𝐷𝑤𝑒 · 𝑐𝑜𝑠𝛼

𝐷𝑝𝑤

)︃
· 𝑖 ·𝑍 ·𝐿𝑤𝑒 ·𝐷𝑤𝑒 · 𝑐𝑜𝑠𝛼 (2.10)

Where 𝐷𝑤𝑒 is the roller diameter, 𝛼 the contact angle of the roller, 𝐷𝑝𝑤 the pitch diameter
of the rolling bearing, 𝑖 the number of roller rows, 𝑍 the number of rollers and 𝐿𝑤𝑒 the
effective roller length. The effective roller length is the length of the roller that is loaded.
Under normal contact conditions, this load causes a permanent deformation at the contact
points of approx. 1/10000 of the rolling element diameter. As previously mentioned, in
addition to dimensioning on the basis of the fatigue life, it is advisable to check the static
load safety factor 𝑆0. The relation between the shock loads occurring during operation
and the permissible value of 𝑆0 is listed in [DIN09b] for different types of rolling bearings.

𝑆0 = 𝐶0
𝑃0

(2.11)

Dynamic load ratings
The basic dynamic load rating C applies to rotating bearings. The equivalent dynamic
bearing load P of the bearing results from the radial and axial mean force 𝐹𝑟 and 𝐹𝑎 of
the load spectrum for the corresponding rotor speed. It can be calculated as follows:

𝑃 = 𝑋 ·𝐹𝑟 +𝑌 ·𝐹𝑎 if 𝐹𝑎

𝐹𝑟
≤ 𝑒

𝑃 = 𝐹𝑟 if 𝐹𝑎

𝐹𝑟
> 𝑒

(2.12)

For roller bearings with one row of rollers, the parameters e, X and Y can be calculated as
follows:

𝑒 = 1,5 · 𝑡𝑎𝑛𝛼

𝑋 = 0,4
𝑌 = 0,4 · 𝑐𝑜𝑡𝛼

(2.13)

The basic dynamic load rating C is defined as the load of constant magnitude and direction
which a sufficiently large number of apparently identical bearings can endure for a basic
rating life of one million revolutions. In the case of radial bearings, this is a purely radial
load, while in the case of axial bearings it is a purely axial load. The following equation
can be used in order to obtain the dynamic load rating C:

𝐶 = 𝑏𝑚 ·𝑓𝑐 · (𝑖 ·𝐿𝑤𝑒 · 𝑐𝑜𝑠𝛼)7/9 ·𝑍3/4 ·𝐷𝑤𝑒
29/27 (2.14)

Where 𝐷𝑤𝑒 is the roller diameter, 𝛼 the contact angle of the roller, 𝑍 the number of
rollers and 𝐿𝑤𝑒 the effective roller length. 𝑏𝑚 and 𝑓𝑐 are calculation factors. The first one
depends on the rolling bearing type and the second one on the geometrical parameters
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of the roller. Their values are listed in [DIN10a]. In addition to aspects such as rigidity
or installation space, the bearings are usually selected with regard to the fatigue life
according to [DIN10a]. The number of revolutions of the bearing rings relative to each
other until failure due to material fatigue is the so-called bearing life. The bearing life
varies considerably even under identical load (mainly due to irregularities in the material
structure), so that it is not possible to calculate a service life in advance for a specific
bearing.
The basic dynamic load rating was therefore defined as the equivalent load at which 90%
of a larger number of similar bearings survive one million revolutions under standard
conditions.
According to the standard DIN ISO 281 [DIN10a], the nominal fatigue life of the rolling
bearing is defined as the basic rating life in millions of revolutions, that is reached or
exceeded by 90% of a sufficiently large number of apparently identical bearings before the
first indications of material fatigue appears. The nominal fatigue life is then calculated as:

𝐿10 = (𝐶/𝑃 )𝑝 (2.15)

The test results with a large number of bearings are showing that the value for the
exponent p = 3 for ball bearings or p = 10/3 for cylindrical roller bearings is suitable
for mathematically mapping the corresponding service life [DIN10a]. The fatigue life also
depends on other parameters such as the degree of cleanliness of the lubricant, the oil
viscosity or the oil temperature in the bearing. To take these additional influences into
account, the equation for calculating the fatigue life is modified. There are various tools
for determining the service life, allowing the designer to determine the respective bearing
service life in the application. The modified nominal reference service life described in
[DIN10a] allows to take into account parameters like the internal load condition, the
lubrication conditions, the contamination conditions and materials deviating from the
standard. Through the service-life correction factors introduced, the surface initiated
fatigue can be estimated as well. The goal of this work is a first estimation in the search of
an optimal geometry, therefore, only the nominal fatigue life will be taken into account.

The Generalized Bearing Life Model Recently, the company SKF introduced a
new way of calculating the rolling bearing life, the so-called Generalized Bearing Life
Model (GBLM) [MEG15]. The previous models for the estimation of the rolling bearing
life are based on the consideration of an equivalent stress, originated beneath the contact
surface, that is applied to the stressed volume of the rolling contact. Through the years,
fatigue surface-originated fatigue, resulting from reduced lubrication or contamination,
has been incorporated, by means of a multiplication factor, into the estimation of the
bearing life, resulting into the expanded adjusted rating life. In the SKF GBLM, this
issue is addressed by developing a general approach for rolling contact life in which the
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surface-originated damage is explicitly formulated into the basic fatigue equations of the
rolling contact. In these terms, the calculation of the lifetime is separated into the surface
and the subsurface of the material. Therefore, different physical models can be applied for
those two regions. On one hand, subsurface rolling contact fatigue can be treated following
the classic dynamic capacity model. On the other hand, the surface needs more advanced
tribological models, which can take care of the complex physical interactions occurring in
highly stressed concentrated Hertzian contacts, such as lubrication, friction, wear, fatigue
or running-in. This new formulation gives the power to better represent the tribology of
rolling bearings in rating life calculations. Furthermore, it gives a better knowledge of the
surface endurance that dominates the field performance of rolling bearings. [MEG15]

Influence of the contact angle Figure 2.12 shows the relation between the dynamic
bearing load and the contact angle for different ratios axial to radial load. We can observe,
that as soon as the load angle (𝛽 = 𝑎𝑡𝑎𝑛(𝐹𝑎/𝐹𝑟), see Figure 2.3) increases, the equivalent
dynamic bearing load increases faster, the smaller the contact angle is. In other terms,
smaller contact angles are more susceptible to an increase of the axial load. The nominal
life time for different contact angles, compared to the load angle 𝛽 is shown in Figure 2.13.
It can be seen, that for each load angle, an optimal contact angle can be defined in order
to maximize the lifetime. In general terms, for smaller contact angles, the longest lifetime
of a bearing is obtained when 𝛼 ≈ 𝛽. For the example represented in Figure 2.13, the
geometrical parameters and dimensions of a TRB 32208 have been considered (𝐶 = 79𝑘𝑁

for 𝛼=14°).

Figure 2.12: Influence of the load angle 𝛽 on the dynamic bearing load 𝑃 for different
contact angles
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Figure 2.13: Influence of the load angle 𝛽 on the nominal lifetime for different contact
angles

2.1.5 Kinematics

The investigation of the effects occurring in rolling bearings requires the understanding of
the rolling bearing kinematics. Assuming slip-free rolling bearing behavior, the rotation of
the rolling elements and the cage can be calculated in terms of the rotation of the bearing
rings with simple mathematical means according to [BEH95]. In these terms, the velocity
of the rollers, cage and hence the dynamic of the rolling bearing is highly influenced by
the geometry of the roller.
First of all, the fundamentals of kinematics, defining the difference between the angular
velocity 𝜔, the rotational velocity 𝑛 and the circumferential velocity 𝑢 have to be explained.
The relation between these three velocities is as follows:

𝜔 = 𝜋𝑛

30 (2.16)

𝑢 = 𝑅 ·𝜔 = 𝑅 · 𝜋𝑛

30 (2.17)

Where 𝑅 is the radius of the rotational body (i.e. roller, cage or rings). Assuming a
fixed outer ring and a rotating inner ring, for rolling bearings with slip-free behavior, the
following relation can be assumed for the roller-inner ring contact:

𝑢𝑅 = 𝑢𝐼𝑅 (2.18)

The circumferential velocity and the rotational velocity of a rolling element around the
rolling bearing axis correspond to the circumferential and rotational velocities of the cage
respectively (𝑢𝐶 , 𝑛𝐶). They can be calculated as follows:

𝑢𝐶 = 𝜋 ·𝐷𝑝𝑤

60 ·
[︃(︃

1− 𝐷𝑤𝑒 · 𝑐𝑜𝑠𝛼

𝐷𝑝𝑤

)︃
· 𝑛𝐼𝑅

2 +
(︃

1+ 𝑐𝑜𝑠𝛼

𝐷𝑝𝑤

)︃
· 𝑛𝑂𝑅

2

]︃
(2.19)
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𝑛𝐶 =
(︃

1− 𝐷𝑤𝑒 · 𝑐𝑜𝑠𝛼

𝐷𝑝𝑤

)︃
· 𝑛𝐼𝑅

2 +
(︃

1+ 𝐷𝑤𝑒 · 𝑐𝑜𝑠𝛼

𝐷𝑝𝑤

)︃
· 𝑛𝑂𝑅

2 (2.20)

where 𝑛IR and 𝑛OR are the inner and outer ring rotational velocities, 𝐷𝑝𝑤 the pitch
diameter, 𝛼 the contact angle of the roller and 𝐷𝑤𝑒 the rolling element diameter as shown
in Figure 2.3. In order to calculate the rotational velocity of the rolling elements 𝑢𝑅 around
their own axis of rotation and the resulting circumferential velocity 𝑛𝑅, the following
equations can be used:

𝑢𝑅 = 𝜋 ·𝐷𝑝𝑤

60 ·
(︃

𝐷𝑝𝑤

𝐷𝑤𝑒
− 𝐷𝑤𝑒 · 𝑐𝑜𝑠2𝛼

𝐷𝑝𝑤

)︃
· 𝑛𝑂𝑅 −𝑛𝐼𝑅

2 (2.21)

𝑛𝑅 =
(︃

𝐷𝑝𝑤

𝐷𝑤𝑒
− 𝐷𝑤𝑒 · 𝑐𝑜𝑠2𝛼

𝐷𝑝𝑤

)︃
· 𝑛𝑂𝑅 −𝑛𝐼𝑅

2 (2.22)

2.2 Rolling bearing types

Rolling bearings can be divided into several types based on several features. An overview
of the most common rolling bearing types is shown in Figure 2.14. Depending on the
primary shape of the rolling elements, according to DIN 611 [DIN10b], rolling bearings
can be divided into two main groups: ball bearings (e.g. deep groove ball bearings or
angular contact ball bearings) and roller bearings. Furthermore, based on the size of the
rollers and their arrangement, the rolling bearings with rollers as rolling elements can
be divided into: cylindrical and needle (cylindrical rollers); barrel, spherical and toroidal
(barrel rollers) or tapered (tapered rollers) roller bearings. Certain types of rolling bearings
are of special interest for this work. The following sections give an overview of the most
important characteristics, advantages and disadvantages as well as applications of these
types of rolling bearings.

Figure 2.14: Overview of common roller bearing types.
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2.2.1 Tapered roller bearings

Tapered roller bearings (TRBs) consist of an outer and inner ring with tapered raceways
and tapered rollers in a window cage [DIN78]. Because of the conical shape of the rollers,
the forces acting on it result into a normal force in the axial direction, turning into the
need of a rib at the inner ring as shown in Figure 2.4. A profiled contact between the
rollers and the raceways ensures optimum stress distribution at the contact points. As a
result, the bearings can tolerate certain angular misalignments and give better support of
moment loads.
TRBs can support both high radial and high axial loads thanks to the line contact taking
place between rollers and raceway. Because of its geometrical characteristics, TRB can
however only support axial loads in one direction. The axial load carrying capacity of the
bearing is dependent on the nominal contact angle 𝛼. In most bearing series of the rolling
bearing manufacturers this angle varies between 10° and 20° [DIN78; Sch17; SKF14]. In
special series, 𝛼 is approximately 28° to 30°. The greater this angle, the higher the axial
load to which the bearing can be subjected.
The biggest disadvantage of TRBs is the great frictional torque taking place in mixed
friction regime and the resulting high losses. Although the roller-raceway contact is
optimized and its friction minimized, the roller-to-rib contact has a significant influence
on the frictional torque of TRBs, especially in mixed friction regimes. For this reason,
alternative bearings with lower load carrying capacity resulting in lower friction losses are
used when lower loads are applied.
Given all these attributes, TRBs are commonly used when high radial and axial loads
occur and combined loads must be supported, as well as when high bearing stiffness is
required (e.g. differential gears). Specially for cases where the load carrying capacity of
angular contact ball bearings is no longer sufficient and the higher speed suitability of
angular contact ball bearings is not required.
In order to improve the behavior of a TRB, several adjustments and optimizations are
being studied and implemented. The most important ones are regarding the rib contact
and its influence in the total frictional torque. In these terms, the Generation D of the
company Schaeffler can be mentioned [SRW21]. The focus of this optimization is the
location of the contact ellipse at the roller-rib contact, see Figure 2.4. The further from the
bearing axis it is, the higher is the frictional torque due to the larger lever arm. Therefore,
the goal must be to have a roller-rib contact as close as possible to the inner ring raceway.
However, the pressure ellipse of the contact can not get too close to the undercut between
the raceway and the rib. If the contact ellipse would run into this undercut, high edge
stresses would arise having an important influence in the service life of the rolling bearing.
This behavior is, therefore, to be avoided.
Another improvement yet to be studied and carried out is to optimize the geometry of
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the roller for each specific application. One example would be the generation D+ of the
company Schaeffler [SRW21].
In general terms, in order to obtain an even distribution of the pressure at the roller, the
surface lines of the rollers must intersect at a point at the bearing axis, see Figure 2.3.
This way, the rollers are symmetrically loaded, ultimately avoiding slippage. However,
once a TRB is mounted, the rollers and raceways are deformed and tilted. Because of this,
the surface lines of the loaded bearing might not intersect at a point on the bearing axis
anymore. A solution for this problem is described in the patents [Neu17][Nak76][PO12].
In the geometry defined in these patents, the surface lines of the rollers lay at different
points of the bearing axis. Furthermore, the distance between the intersection points
is calculated for the specific geometry. With this arrangement, at first, a non optimal
solution for bearings that are neither mounted or loaded is proposed. However, once the
rolling bearing is mounted and loaded, the rollers and raceways are deformed and tilted
in such a way that the surface lines finally intersect at a point of the bearing axis. Thus
an optimal geometry is achieved. A deeper description of the approach defined in these
patents is explained in Section 4.1.3.
Tong and Hong have studied the influence that the profiling of the raceways has
in the behavior of tapered roller bearings [TH15], specially on the resulting stiffness,
axial displacement and pressure distribution. Based on its results, they developed an
optimization of partially crowned roller profiles based on the resulting bearing fatigue life
and the bearing stiffness [TH17].

2.2.2 Barrel roller bearings

Barrel roller bearings are composed of an outer ring with a concave raceway, a concave
inner ring with two ribs, barrel rollers and a cage. The resulting roller-raceway contact is
a line contact. As a result, barrel roller bearings have high radial load carrying capacity.
However, axial loads are directly absorbed by the rib contact at the inner ring. In turn,
barrel roller bearings have only a low axial load carrying capacity in both directions.
Due to the concave contact between the rollers and the raceways, barrel roller bearings
are suitable for compensating angular misalignments. This misalignment results from a
skewing movement between the outer and the inner ring i.e., between the axle and the
housing. Under normal conditions, in cases where the inner ring rotates, barrel roller
bearings can swivel up to 4° from the central position.
The roller-raceway contact behavior is governed, among others, by the PCR of the roller.
The PCR of a barrel roller is such, that the center of the PCR lays at the bearing axis.
This way, the PCR of a barrel roller, as defined in DIN 635-1 [DIN94], follows the formula:

𝑃𝐶𝑅𝑟𝑜𝑙𝑙𝑒𝑟 = 0.25 · (𝑑+𝐷)+0.125 · (𝐷 −𝑑) (2.23)
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Where 𝑑 is the rolling bearing bore diameter and 𝐷 is the rolling bearing outside diameter.
The ratio roller length to roller diameter 𝐿𝑤𝑒/𝐷𝑤𝑒 is set to 1 for this type of roller. The
roller ends are thus long enough to carry low axial loads through the roller-end rib contact.
However, this limited length of the roller length, narrows as well the roller-raceway contact
length and thus the radial load carrying capacity.

2.2.3 Toroidal roller bearings

Several years ago, the company SKF developed a new type of bearing. It was officially
presented in 1995 under the name of CARB bearing (Compact Aligning Roller Bearing).
The geometry of this rolling bearings is based in the patent of Kellström of 1985 [Kel85],
which sets the basics for rolling bearings with concave and convex rollers. The CARB
bearing is a single row roller bearing with relatively long, slightly crowned rollers. The
inner and outer ring raceways are correspondingly concave and symmetrical. The outer
ring raceway geometry is based on a torus, which is why it is commonly known as toroidal
roller bearing.
The idea for this bearing came from the need of compensating great misalignment with a
minimum resulting friction. The existing spherical roller bearings could not accommodate
important axial displacements within the bearing. If great axial displacements were
taking place, it was necessary for one of the rolling bearings of a bearing arrangement
to move axially on its seating in the housing. This axial movement would result in
considerable friction and thus internal axial forces in the bearing arrangement. In order
to be able to compensate great misalignment, toroidal roller bearings are not provided
with ribs. Therefore, they can not carry axial loads in any direction, and can consequently
fundamentally be used as a floating bearing in certain applications.
The main geometrical characteristic of a toroidal roller is a profile curve radius (PCR) of
the raceways and the rollers considerably greater than the corresponding radii in barrel or
spherical roller bearings. In this way, the rollers can be made longer than what is possible
when it comes to such rolling bearings. Therefore, the radial load carrying capacity is as
well enhanced, and thus a much longer service life is achieved. The PCR of the toroidal
rollers can be calculated from the misalignment factor parameter 𝜅1 following the equation:

𝑃𝐶𝑅𝑟𝑜𝑙𝑙𝑒𝑟 = 𝜅1 ·𝐵 · 180
𝜋

(2.24)

Where 𝜅1 is a geometrical parameter given by the manufacturer. It can be found on the
bearing catalogs [SKF14]. The company Schaeffler refers at it as 𝜅𝜙 [Sch17], where
𝜅𝜙 = 𝜅1 ·𝐵.
The internal geometry of toroidal roller bearings is still being studied and optimized.
Kellström et al. focus on the applications where great axial misalignment have to be
compensated as well as axial loads be supported. In this way, they have developed an
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angular contact self-aligning toroidal roller bearing as described in their patent [KKL16].
The rolling bearing defined in this patent consists of toroidal rollers having a contact
angle that varies between 10° and 45°. It is designed as a locating bearing that allows for
the self-alignment of the rollers, similar to the ability of spherical roller bearings. This
approach allows for more compacts bearings, decreasing the load capacity and avoiding a
commonly over-dimensioned rolling bearing solution. A deeper description of the angular
contact self-aligning toroidal roller bearing and a method for determining its dimensional
parameters are explained in Section 4.1.2.

2.2.4 Spherical roller bearings

A spherical roller bearing consists of two rows of barrel rollers inclined in relation to the
bearing axis and symmetrically aligned, sharing an outer and an inner ring. The outer ring
has a curved raceway shared by the two rows of rollers. The inner ring, however, has two
different raceways, one for each row of rollers, each of them symmetrically inclined relative
to the bearing axis. The symmetrical barrel rollers are guided by a cage. This type of
bearing is used for cases where a misalignment of the shaft relative to the housing has to
be compensated, as well as high radial and axial loads occur. Spherical roller bearings
can compensate up to 2° of angular misalignment. Depending on the size of the rolling
bearing, the contact angle of the rollers varies from 4,6° to 15,6° [Sch17; SKF14].
In terms of the geometry of the rollers, some optimizations are still being studied and its
implementation continues on today.
A widely known optimization for spherical roller bearings relates to the asymmetry of the
roller rows. This enhancement is required for applications where uneven loads tend to
act on the left and right rows of spherical rollers. This asymmetry has to be optimized
for an specific application in order to minimize the slippage of the row of rollers tending
to receive the light load, and the associated friction wear. This is the case described in
[NHM10] by Nakagawa et al. Within the patent, they define the geometry of an axial
asymmetric double-row self-aligning roller bearing optimized for supporting the main shaft
of a wind turbine generator.
For cases where symmetrical loads have to be supported, one of the most important friction
losses taking place in spherical roller bearings, is the one related to the skewing movement
of the rollers within their raceways. If a reduction in the total friction is to be sought, the
skewing friction has to be the focus.
While for TRB, the skewing of the rollers is mainly governed by the friction at the roller
end-rib flange interface, in the case of toroidal and spherical rollers, the skewing is a more
complex behavior. The skew angle is defined as the angle between the axis of rotation of
the rolling element and a plane normal to the path of relative motion of the raceways (see
section 2.3.1). Positive skewing compared to negative skewing turns into a reduction of
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friction and therefore increase in the bearing life.
Kellström and Blomqvist propose in [KB76] several solutions in order to obtain higher
friction and thus higher skew moment in the outer ring compared to the inner ring, so that
a positive skewing is obtained. A deeper description of the different approaches described
by Kellström and Blomqvist are explained in Section 4.1.1.
Fiedler et al. studied in the influence that the inner geometry of the rollers has in
the resulting pressure distribution and frictional torque in spherical roller bearings. The
results were presented in [FKS12] and [FKS11]. The study focused on different number of
rollers, as well as the osculation of the rollers with the raceways. As expected, the study
showed a slightly higher friction torque for narrower osculation, especially at low loads,
where the contact surface is significantly higher.

2.3 Rolling bearing friction

The total friction appearing in a rolling bearing is one of the main focus when optimizing
its geometry and the main focus of this work as well. The shape, size, and profile of the
rolling elements are of main influence on the resulting friction. Depending on the bearing
type, the total frictional torque is calculated as the aggregate of the friction taking place
at the following locations:

• Rolling element and raceways

• Rolling element and cage (for rolling bearings with cage)

• Rolling elements and ring rib (for rolling bearings with guidance rib)

• Between rolling elements (for full complement rolling bearings)

• Cage and raceways

Not all contacts are relevant for every rolling bearing. The contact calculation between
the rolling elements is only necessary for full complement rolling bearings. Similarly, the
cage-raceway contact only takes places in bearings that have a ring-guided cage. To which
extent each contact contributes to the overall friction varies as well depending on the
rolling bearing type and boundary conditions, having the contact between the rolling
elements and the raceways usually the biggest contribution. The profile and geometry
of the roller highly influence the roller-raceway contact and its resulting friction. With
the goal of minimizing the friction taking place between bodies, and thus the losses, the
geometries of rollers, raceways and cages have been improved throughout the years. The
numerical description of the effects of the friction plays a decisive role in the dynamic
simulation of rolling bearings.
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2.3.1 Movement and friction types

Friction can be divided into static or dynamic friction. The static friction is a force
acting tangentially between two bodies which counteracts a tangential load without the
existence of relative movement between the body surfaces. The dynamic friction is the
force counteracting a relative movement between two elements. According to [SS12],
the dynamic friction can be divided into three different types of movement or friction,
depending on the relative movement between the two bodies:

• Sliding / sliding friction: sliding friction takes place when the surface velocity of the
two bodies differ. In turn, there is a relative velocity between the two surfaces. This
velocity is almost identical over the entire contact area.

• Rolling / rolling friction: rolling friction is characterized by the fact that the surface
circumferential velocities of both bodies in the contact area are identical and in the
same direction. Therefore, there is no relative velocity between the two surfaces.

• Drilling / drilling friction: drilling friction occurs when a body rotates relative to
its contact partner around an axis that is perpendicular to the surface of the other
body.

Figure 2.15: Main types of friction with superimposed forms by type of relative motion
[CH15]

A schematic illustration of the types of friction, the underlying movements as well as
an example for each type can be found in Figure 2.15. In real contacts there is often a
superposition of the three basic types of friction.
The combination of pure rolling and sliding is called sliding-rolling friction. This type of
friction is the one presented in rolling bearings, as there is usually a rolling movement
with (macroscopic) sliding components in the contacts between the rolling elements and
the raceway. Depending on the type of bearing, drilling also occurs in rolling bearings. If
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the rolling elements of ball bearings run under a load angle, for example, drilling friction
occurs. On the other hand, sliding friction occurs between the rolling elements and the
cage or between the cage and the bearing rings. In the contact between the roller end
and the raceway rib, all three types of movement occur superimposed. Therefore, it is
important to correctly describe all states of motion and friction when simulating the
dynamics of rolling bearings.
The rolling motion can be characterized by using the Slide-to-Roll ratio SRR. The SRR
can be calculated from the relative 𝑢𝑟𝑒𝑙 and the mean surface velocities 𝑢0:

𝑆 = 𝑢𝑟𝑒𝑙

𝑢0
= 2 · 𝑢1 −𝑢2

𝑢1 +𝑢2
(2.25)

The velocities 𝑢1 and 𝑢2 are the surface velocities of the two bodies in contact as defined
in Section 2.1.5, equation (2.17). In general, the deviation from kinematic rolling in rolling
contact is also referred to as slip. In other words, if the surface velocities of the two bodies
in contact differs from each other, slip will take place. If a slip-free rolling bearing behavior
takes place (𝑆𝑅𝑅 = 0), the surface velocity of the roller in the middle of the contact length
can be mathematically calculated in terms of the rotational speed of the inner ring as
defined by equation (2.21). The Slide-to-Roll ratio has established itself as a meaningful
description of the various slip conditions. The movement states that might take place at
the rolling bearing contacts are summarized in Table 2.1.

Type of move-
ment

Graphical
representation

SRR Velocities

Rolling 𝑆 = 0 𝑢1 = 𝑢2

Sliding-Rolling 0 < |𝑆| < 2 𝑠𝑔𝑛(𝑢1) = 𝑠𝑔𝑛(𝑢2)

Sliding 2 ≤ |𝑆| < ∞ 𝑠𝑔𝑛(𝑢1) ̸= 𝑠𝑔𝑛(𝑢2)

Table 2.1: Parameters defining the new geometry and their value for different bearings

Drilling friction and the profile curve radius of the roller The drilling movement
of a roller is defined as the rotation of the roller around an axis that is perpendicular to
the surface of the raceway. In other words, a drilling movement results from a contact
normal direction perpendicular to the axis of rotation of the roller.
For cylindrical rollers, the axis of rotation of the roller is perpendicular to the contact
normal direction, therefore, no drilling movement takes place (Figure 2.16.a). For tapered
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rollers (Figure 2.16.b) and barrel or toroidal rollers (Figure 2.16 c and d) the axis of
rotation of the roller is not parallel to the surface contact. Therefore, the rolling motion
of the roller results in a drilling movement. Furthermore, the bigger the crowning and
the contact angle are, the bigger the drilling friction is. This results into bigger drilling
movement for barrel rollers (Figure c), than for toroidal rollers (Figure 2.16.d). This type
of friction plays an important role in both angular-contact ball bearing and barrel roller
bearing.

Figure 2.16: Drilling movement for different rolling bearing types

Skewing friction and the profile curve radius of the roller The skewing move-
ment of a roller is defined as the rotation of the roller along its z-axis. The z-axis of the
roller is defined as the axis that forms from connecting the center of the rolling bearing to
the center of the roller as shown in 2.17.
The linear velocity of a point of the roller at its contact is determined by the angular
velocity multiplied by the radius from the center of rotation of the roller (equation 2.17).
The angular velocity of the roller is constant along the contact line. However, depending
on the profiling of the roller, its tapered angle for conical rollers and/or its profile curve
radius (PCR) for barrel and spherical rollers, the radius of the roller might vary along its
length. For a cylindrical roller, without profiling, the linear velocity is thus constant along
the contact length. Furthermore, the linear velocity of the roller and the raceway might
not be of the same magnitude, resulting in a sliding-rolling movement as shown in Figure
2.17.a. Because of the crowning profile of barrel, toroidal and spherical rollers, different
surface velocities take place along the contact line. Hence, for a pure radial load, when no
slip takes place, the linear velocity of the roller at its contact line is only the same as the
one of the raceway at two rolling points, as indicated in Figure 2.17.b. In that case, the
roller velocity of each point in between the roller points along the contact line is higher
than the raceway velocity. On the other hand, the roller velocities of all other points along
the contact line until the roller end is lower than the raceway velocity. In the example of
Figure 2.17.b, the velocities compensate each other in the x-direction. As a rule, however,
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the forces acting on the roller in a roller bearing are such, that the rolling points are not
symmetrical in relation to the center of the roller, as shown in Figure 2.17.c. In this case,
the velocities do not compensate each other in the x-direction anymore, leading to an
undesired skewing movement along the x-axis. The more accentuated the crowning of the
roller (smaller PCR), the bigger differences of velocities along the contact line resulting
in a bigger skewing movement and friction. An example of the linear velocities with a
smaller PCR of the roller is shown in 2.17.d. [KB76].
The examples shown in Figure 2.17 are for a theoretical behavior with no external axial
load and no slippage occurring. In real applications, where axial loads are applied as well,
the skew moment resulting from the rib forces dominates over the others.

Figure 2.17: Relative motion between roller and raceway for different PCR and pure radial
load. a) Velocity distribution with cylindrical roller, b) Velocity distribution
with symmetrically loaded crowned roller, c) Velocity distribution with asym-
metrically loaded crowned roller, d) Velocity distribution when reducing the
PCR of the roller compared to c).
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2.3.2 Friction conditions

The lubricant with its rheological properties is a decisive factor influencing friction and
damping. A reliable functionality and a sufficient service life of rolling bearings are
inconceivable without lubrication. Lubricants are used primarily for the cooling of the
machine elements as well as to minimize the friction and wear appearing at the contact
points in rolling bearings by completely or partially separating the contact surfaces [SS08].
Depending on the type of separation between the two bodies, four different states of
friction can be distinguished. These are schematically represented in Figure 2.18. The
four types of friction according to [CH15] are:

• Solid friction: friction between two solid bodies

• Boundary friction: solid body friction, with wetting of the surfaces with a molecular
lubricating film

• Fluid friction: friction between two bodies that are completely separated by a fluid
lubricating film

• Mixed friction: transition state between solid or boundary friction and fluid friction

Figure 2.18: Qualitative representation of the Stribeck-Curve [BK12].

In addition to the state of friction, there are many other variables having an influence on
the friction or its magnitude. The coefficient of friction (COF) 𝜇 is often used to calculate
the frictional force. The COF 𝜇 is calculated as the quotient of the frictional force 𝐹𝑅 and
the acting normal force 𝐹𝑁 (𝜇 = 𝐹𝑅

𝐹𝑁
). At the beginning of the 19th century, Stribeck



2.3.3 Elastohydrodynamics 29

published a diagram in which he showed the coefficient of friction over the relative velocity
of the bodies (for plain bearings). This representation is also known as the Stribeck
curve. Figure 2.18 shows an example of a typical Stribeck curve, where the coefficient of
friction is shown as a function of the relative velocity with the different friction conditions
at a constant load. For rolling bearings, instead of the relative velocity, is the bearing
rotational velocity the decisive factor for the resulting lubricating film. The four friction
states mentioned are represented here. Starting with the solid friction coefficient 𝜇𝑠, the
coefficient of friction remains almost constant in the boundary friction with a slightly
decreasing tendency. With the transition to fluid friction, a lubricating film increasingly
builds up due to the higher speed. This lubricating film separates the surfaces and reduces
friction. In the area of mixed friction there is also the point of minimal friction 𝜇𝑚𝑖𝑛. If
the speed continues to increase beyond this point, with completely separate surfaces, the
shear losses of the lubricant continue to increase leading to an increasing coefficient of
friction.

2.3.3 Elastohydrodynamics

When lubricating roller bearings with greases or oils, a hydrodynamic lubrication (HL
lubrication) occurs. This happens because the viscous lubricating oil is conveyed into
the narrowing lubrication gap due to the movement of the two contact bodies. Under
these circumstances, a liquid lubricating film forms, separating the two contact bodies due
to the built-up hydrodynamic pressure. Because of the high contact pressure appearing
between rolling elements and raceways, the lubrication state of a rolling bearing is usually
an elastohydrodynamic lubrication (EHL). EHL can be characterized by the fact that the
elastic deformation of the lubricated surfaces of rolling elements and raceways is of an
order of magnitude comparable to the height of the built-up hydrodynamic lubricating
film. Therefore, the elastic deformation of the surfaces must be taken into account when
simulating the dynamic behavior of a rolling bearing. The dependency of the viscosity of
the lubricant on the temperature and pressure must as well be taken into account when
calculating the contact. Furthermore, if the materials of the two bodies in contact have
a high modulus of elasticity (e.g. steel-steel), the term used then is hard-EHL. In this
case, very high contact pressures of around 0.5 GPa to 4 GPa occur (for rolling bearings,
typical values are 1,5 GPa to 3 GPa).
Figure 2.19 shows the pressure distribution in the EHL lubricating film. The pressure
distribution in the EHL contact 𝑝𝐸𝐻𝐿 is similar the the Herzian distribution 𝑝𝐻 but
deviates from it especially in the inlet region (where no contact takes place, not considered
in the Herzian distribution, but very important for the rolling friction) and the outlet
region (Petrusevich pressure peak).
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Figure 2.19: Distribution of the pressure and the height of the lubricating film for an
EHL-lubricated line contact [Wan15]

In principle, the pressure distribution in an EHD contact shows a similar course as
the Hertian pressure. The elastic deformation of the contact surfaces caused by the
contact pressure results in an approximately parallel gap. This gap results in turn in
a relatively constant central lubricant film height ℎ0 over a large part of the contact
zone. Characteristically, there is a second local pressure maximum at its exit, which is
caused by the local constriction of the lubricating film. In this area, the lubricating film
height is at its minimum ℎ𝑚𝑖𝑛. This behavior was first predicted by Petrusevich using
numerical simulations [SS08; Mag12]. The central lubrication gap height is an essential
characteristic of the contact. The most well-known equation for the isothermal calculation
of the minimum lubricating film height ℎ𝑚𝑖𝑛 of a line contact with smooth surfaces was
published by Dowson and Higginson in 1961 [DH61]. It establishes a connection
between the dimensionless minimum lubricating film height ℎ𝑚𝑖𝑛 and the dimensionless
parameters for the material 𝐺, the load 𝑊 and the speed 𝑈 :

ℎ𝑚𝑖𝑛 = 1,6 ·𝐺0,6 ·𝑈0,7 ·𝑊 −0,13 (2.26)

The value of ℎ𝑚𝑖𝑛 determines both the mixed friction conditions and the shear gradient in
the lubricating film. Both are essential input variables for the calculation of the friction in
the contact.
Furthermore, the specific lubrication height Λ is calculated from the central lubrication
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height ℎ𝑧𝑒𝑛 and the squared mean roughness 𝜎 of the contact partners according to [Tal67]
as follows:

Λ = ℎ𝑧𝑒𝑛

𝜎
(2.27)

Based on the specific lubrication height, the mixed friction range is considered to be in
the range between 0.5 < Λ < 3 [ZH91].

2.4 Dynamic simulation of rolling bearings

In addition to an experimental analysis, the dynamic simulation of rolling bearings offers
the possibility of a better understanding of this machine element and the internal processes
taking place in it thanks to the computing power available nowadays. Some examples
include the prediction of the lubrication conditions, the cage dynamics or the wear
calculation. In addition, it is possible to study a contact area with very high resolution.
When experimental testing, this is only possible to a limited extent or comes with a great
deal of effort. With all this said, the dynamic simulation of rolling bearings enables saving
time and resources. In general, the tasks to be dealt with when performing a dynamic
simulation can be divided into several sub-areas [Kie17]:

• Contact description or calculation

• Calculation of normal forces

• Calculation of the tangential forces

• Establishing and solving the equation of motion

The contact detection is an important part of the simulation of rolling bearings and
influences both the required computing time and the stability of the calculation. To this
end, it is to be examined to what extent the well-known contact models for the calculation
of the static load and the pressure distribution can be coupled with numerically effective
methods for the contact calculation. In terms of the calculation of forces, in order to
achieve plausible results in the context of a dynamic simulation, suitable damping models
must be included in addition to the normal force and friction models.
With the help of dynamic simulation, many output variables are obtained, on the basis of
which an assessment of many types or causes of damage is possible. Some of the types of
damage that can be predicted are, for example, slippage, wear and tear, cage instabilities
or cage breakage.
Among the years, numerous models for the dynamic simulation of rolling bearings have
been developed both at research institutes and at rolling bearing manufacturers. This
shows that the dynamic simulation of rolling bearings is a very suitable tool for analyzing
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and evaluating bearing behavior under a wide variety of boundary conditions. Across all
bearing types, the correct contact and friction description of all contact points are found
to be essential aspects that are elementary for its dynamic simulation.
The multi-body simulation (MBS) offers a suitable basis for investigating dynamic processes
in roller bearings. The implementation of the model in a commercial program has the
advantage that existing modules can be directly used. In this manner, the Chair of Machine
Elements, Gears and Tribology (MEGT) started developing dynamic models of bearings
for over a decade. To this end, several models developed within the commercially available
software MSC.Adams were combined with self-written user routines [Teu05; Hah05]. From
its origins, the models have been further developed over the years [Woh10; Aul14; Kie17].
These models are parametrically implemented, so that modifications in the geometry,
mass properties, and operating parameters can easily be adjusted to the requirements.
Furthermore, individual parameters of the inner geometry of the rolling bearing can be
varied and optimized comparatively easily, saving time and resources.



3 Motivation, Objectives and Strategy

3.1 Motivation

The minimization of the rolling bearing losses occurring in any type of machine has been
a focus of study during many years. This issue is specially important in widespread
applications as it is the case of vehicle powertrains. In the attempt of reducing the
fuel-consumption and the CO2-emissions of any kind of vehicle, each rolling bearing system
is thought over and optimized. In general, any application where an adjusted bearing
arrangement is solved using tapered roller bearings, this is of special interest. This is due
to the relatively high friction losses occurring at the rib contact of this type of rolling
bearing.
Based on several researches, a tandem angular contact ball bearing appears to be an
optimal substitution for cases with low to moderate loaded rolling bearings. This bearing,
while having the same size and grease chamber than tapered roller bearings, has the
advantage of considerably less friction losses. Tandem angular contact ball bearings have
been successfully used as an alternative to tapered roller bearings for several applications,
including the axle gear of passenger cars [Pla11; Boh12; Sch21]. Figure 3.1 shows the
resulting frictional torque for the two types of bearings under various load conditions and
angular velocities.
Ball bearings have, however, the disadvantage of less carrying capacity than TRB. Therefore,
although it is a better solution for the case of passenger cars (with a weight limitation of 4
tons and 2 axes resulting in 2 tons of axle load), its load rating is insufficient to be used in
the case of highly loaded rolling bearings, such as heavy-duty trucks (with a maximum
permissible total mass of 40 tons and 5 axes resulting in 8 tons of axle load).
A new concept of bearing as a substitution for the commonly used TRB, aiming to reduce
the frictional torque and resulting losses, while keeping its high carrying capacities is still
been searched for.
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Figure 3.1: Resulting torque for tapered roller bearing compared to tandem angular contact
bearing [Sch21]

3.2 Aim of the work

With the aim of reducing the frictional torque of tapered roller bearings, the most recent
studies have focused on the optimization of the rib contact. The friction behavior at the
contact between the rib of the inner ring and the rolling elements of TRBs is of great
importance. Because of the velocities appearing at their surfaces, the friction arising at
their contact is pure sliding. This turns into a relative high coefficient of friction and
therefore great losses in mixed friction regime. The weight of this friction to the total
friction losses of the roller bearing depends on many factors e.g. rotational speed, load,
lubrication; all affecting the lubrication condition at the flange. In the cases of mixed
friction, the friction losses at the flange are at its maximum and dominate over the others
[BH05][Sch21]. The optimization of this contact is, however, very limited.
This work focuses on the total disposal of the rib contact and its resulting friction. By this
means, the total frictional torque appearing at the rolling bearing will be considerably
reduced, being its main proportion the resulting frictional torque at the roller-raceway
contact. In this terms, a new roller geometry based on the existing geometry of a tapered
roller will be developed. The original geometry of the roller will be modified in a way, that
the appearing axial forces will be directly supported by the roller-raceway contact, avoiding
the need of a rib at the inner ring. In order to achieve this statement, a crowning-shaped
roller combined with a contact angle will be defined.
The main disadvantage of this geometry will be its resulting drilling friction. As it is the
case for every crowned profiled roller, a contact diameter that is not orthogonal to the
axis of rotation of the roller causes a drilling movement of the rollers relative to the inner
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ring, resulting in an undesired drilling friction. Consequently, the bigger the profile curve
radius and the contact angle are, the higher the resulting drilling friction is.
With all this, the choice of the geometrical parameters is aim to be so, that the resulting
drilling friction of the roller does not outweigh the friction at the rib contact when using
TRB. In other words, the total resulting frictional torque is reduced. In these terms, the
limit of the less crowned surface possible, so that no flange is needed is to be searched.
To do so, the axial displacement of the rollers will be, among others, a key output to be
studied.

3.3 Approach

As a first step, several patents and existing roller geometries will be studied in order
to establish key features for the definition of the searched geometry. Based on these
characteristics, the basics of a new roller geometry will be defined. Withing this geometry,
key parameters can be varied, influencing the roller-raceway contact while maintaining
the fundamentals of the geometry as explained in the previous section. Afterwards, the
geometrical definition of the roller will be implemented in a MBS model.
In addition to an experimental analysis, dynamic simulations of roller bearings allow an
in-depth analysis of the processes in the machine element. One of its advantages and the
most important for this study is that individual parameters of both the geometry and
the boundary conditions can be varied and thus optimized comparatively easily, saving
time and resources. In addition, it is possible to study a contact area with very high
resolution. This is only possible to a limited extent in an experiment or with a great
deal of effort. Compared to a static simulation, such as investigations with the FEM,
more complex effects such as cage-rolling element interactions can also be treated. There
are several models available for the dynamic simulation of rolling bearings. Among the
best known are BEAST (Bearing Simulation Tool) of the SKF company [SFN99; SF01;
ISF05; Nak06], BRAIN (Bearing Analysis in NSK) of the NSK company [Ara97; ANS97],
Caba3D (Computer Aided Bearing Analyser 3D) of the Schaeffler company [KPW09a;
KPW09b; HSN15] and CAGEDYN of the Timken company [Hou09a; Hou09b; Hou10].
There is only a little detailed information about these programs, as they are part of the
company’s know-how. Therefore, these models are not accessible for general research.
For the simulation accomplished in this work, commercial MBS-Software will be used. A
MBS-Software serves as a user interface, solving equations of motion and creating the
balance of forces between the bodies. The basis of this software will be supplemented with
self-developed calculation routines, both for computation and evaluation. The calculation
routines for TRB already developed at the MEGT chair will be the starting point of
the work. These routines are contained in and access from a MBS model. Within them,
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advanced slice models are used for the calculation of the highly loaded EHL contacts.
These existing MBS and routines, as well as its procedure of computation and evaluation,
have been validated and presented in several studies [AAH07; SK17; KS17; KFS15; Kie17;
Teu05; Dah16]
In order to create the calculation routines for the new geometry, the main focus is to change
its geometrical definition as well as the calculation routines obtaining the penetration, the
location of the contact points and the contact directions. The penetration is defined as
the negative distance between the two contacting surfaces. In other words the theoretical
penetration depth of the undeformed surfaces. Once these changes have been fulfilled, the
existing routines obtaining velocities, forces and friction torques considering damping and
lubrication can be directly transferred from the existing TRB model.
The geometry of rolling bodies, inner and outer rings, as well as cage, together with
the boundary conditions and loads, define a MBS Model configuration. The model
configuration will be fully-parametric implemented. By this means, the geometries of
the single bodies, as well as boundary conditions and loads will be transferred from the
parameter set into an input file.
Once both, the self-developed calculation routines and the MBS model configuration, are
created, an exemplary geometry defined by a set of parameters will be chosen. Furthermore,
a prototype of this geometry will be manufactured. In order to validate the model, the
prototype of the new optimized geometry will be experimentally tested, together with a
tapered roller bearing of the same main dimensions. The experimental testing will take
place in a frictional torque test rig. Through the use of this test rig, it is possible to
realistically reproduce the loads and misalignment occurring on a rolling bearing.
After the model has been validated, a sensitivity analysis of the parameters defining the
geometry will be conducted. Within it, the influence that input parameters have in specific
output parameters will be analyzed. The main input parameters to be changed are the
osculation, the crowning or the contact angle of the roller. On the other hand, the main
output parameters to investigate are the axial displacement of the roller, the total frictional
torque or the pressure distribution at the contact area. Based on the observed correlations,
a workflow defining a path for choosing the geometrical parameters can be conceived.



4 Geometrical Definition

In this section, the geometrical parameters that will characterized the geometry of the
rollers and raceways of the new rolling bearing type are established. The selection of these
parameters and, therefore, the roller-raceway contact defined by them, is based on several
aspects. First of all, on the previously defined geometrical parameters (section 2.1.2) and
their influence on specific output values such as frictional losses or lifetime. Furthermore,
this selection is based on several patents and theoretical foundations with regard to the
behavior of rolling bearings. Both the patents and the foundations are presented in section
4.1.

4.1 Foundations

The behavior of rolling bearings is a complex field. The movement that the roller follows
among the raceways varies, mostly depending on its geometry, but also on the boundary
conditions. Within this section, very specific behaviors and geometries, not applicable for
most of the standard bearings, are presented. These foundations are described in several
prototypes of rolling bearings, which are as well introduced in this section. An overview of
the described patents, as well as their characteristics considered for the definition of the
geometry under study is presented in section 4.1.5.

4.1.1 Skew movement

As mentioned in Section 2.3.1, the dynamic friction is the force counteracting a relative
movement between two elements. When a barrel or spherical roller rolls among the
raceways of inner and outer ring, a relative linear velocity between the roller and the
raceways takes place. The relative sliding speeds resulting from the crowning of the roller
as explained in Section 2.3.1 and represented in Figure 2.17 create friction forces between
the roller and the raceway. The friction forces on the rolling element in a given contact
are opposite in direction to the ones on the raceway of that contact.
This behavior is deeply explained by Kellström and Blomqvist in their patent of 1976
[KB76]. There they explained the forces and resulting friction appearing in a crowned
roller in terms of skewing. Furthermore, they presented solutions in order to minimize this
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friction. Figure 4.1 shows a drawing of the patent, illustrating the direction of the friction
forces at the contact between the rolling element and the raceway. These forces arise from
the relative motion between roller and raceway as previously explained in Figure 2.17.d,
resulting in turn from the angular velocities of the inner ring (moving away from the
reader) and the outer ring (moving towards the reader). The friction forces are distributed
in such a way, that they do not neutralize each other; rather they create a moment which
tends to skew the roller along its z-axis (AA-axis in Figure 4.1). Since the moments of
the inner and outer raceway are directed opposite to each other, the greatest moment
predominates over the other skewing the roller in a certain direction. This moment is called
skew moment and it is the resultant ot the moment taking place at the outer ring minus
the one taking place at the inner ring. A positive skewing takes place when the friction
force components acting on the roller in the axial direction are directed co-directional
(add onto) to the axial component of the normal contact force acting on the roller-raceway
contact. Since zero skewing is impossible to achieve, it is of great interest to avoid having
negative skewing. As for the example displayed in Figure 4.1, a preferred positive skewing
takes place when the moment taking place at the outer ring contact is predominant over
the moment from the inner ring. Positive compared to negative skewing turns into a
reduction of the friction and therefore an increment in the bearing life.

Figure 4.1: Frictional force patterns and resulting skew movements [KB76]

For spherical roller bearings, it has been determined, that an optimum performance is
obtained when the skew angle is in a positive range between 0° and 2°. It is known that
the skew movement created by the inner ring tends to skew the roller in the negative
direction. This is why the outer ring skew moment has to be predominant. Kellström
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and Blomqvist provide in [KB76] an improved rolling element wherein the sum of the
moments acting on the rolling element as a result of the friction forces at the contact
causes the rolling element to assume a positive or zero skew angle. They present several
solutions in order to obtain higher friction and thus higher skew moment in the outer ring
compared to the inner ring. These can be described as:

• Manufacturing a rougher contact surface at the outer ring turning into a higher
friction.

• Having a different geometrical definition for the inner raceway than for the outer
raceway in terms of radius of curvature. A bigger PCR of the inner ring, in other
words, a wider osculation, will turn into a more concentrated area of contact at
about its median. Therefore, resulting in less friction. An illustrating example is
shown in the left row of Figure 4.2.

• With an outer ring defined in a way that the contact point is not at the middle
anymore, but the roller is in contact with the raceway at two different contact points
(by mechanizing a relief groove). This way the roller engages the outer raceway at a
higher pressure than at its median. An illustrating example is shown in the right
row of Figure 4.2.

Figure 4.2: Different solutions in order to achieve a positive skewing: reducing the friction
of the inner raceway (left) and increasing the skew movement of the outer ring
(right)

4.1.2 Angular toroidal roller bearing

Kellström et al. described in [KKL16] the geometrical definition of an angular toroidal
roller bearing. As a baseline for the geometry, they established two main parameters: the
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transverse and the circumferential raceway radii. The transverse raceway radius is defined
as the radius of the outer raceway in the direction transverse to the rolling direction of the
rollers (𝑟𝑒 in Figure 4.3). In other words, the transverse raceway is the profile curve radius
of the outer raceway (PCR) as defined in Section 2.1.2. Likewise, the circumferential
raceways radius may be defined as the radius of the outer raceway in the rolling direction
of the rollers at the contact point between the rollers and the outer raceway (𝑟𝑒𝑐 in Figure
4.3). In other words, the distance, perpendicular to the roller surface at the contact point,
between the bearing axis and the outer raceway. Based on this, the patent defines two
different geometries: whether the transverse radius is bigger than the circumferential
raceway radius (positive offset, see Figure 4.3 left), or on the other hand, the transverse
radius is smaller than the circumferential raceway radius (negative offset, see Figure 4.3
right).
A method for determining the dimensional parameters of an angular toroidal rolling
element is also explain in [KKL16]. This way, on the basis of three input parameters,
the contact angle will be first determined. These three input parameters are: the outer
diameter of the bearing 𝐷, the diameter of the axle 𝑑, and the load condition 𝑃 . The
contact angle is key for providing sufficiently high axial load carrying capacity of the
bearing. Afterwards, the following parameters can be determined as: roller diameter 𝐷𝑤𝑒,
number of rolling elements 𝑍, and pitch diameter of the bearing 𝐷𝑝𝑤.

Figure 4.3: Roller designs of an angular toroidal roller bearing [KKL16]

The three input parameters, together with the four determined parameters, can be used as
the basis for determining the transverse radius of the rollers. Afterwards, the roller length
will be determined based on a ratio between the roller transverse radius and the roller
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length. Kellström et.al define a range for this ratio, as well as several relations between
the design parameters. These associations between parameters are listed below:

• The ratio between the roller transverse radius (𝑃𝐶𝑅𝑅) and the roller length 𝑙𝑤

is recommended to be smaller than 10 in order to ensure axial self-orientation of
the roller during operation. This association is independent of the bearing pitch
diameter. The smaller the ratio, the higher the provided self-orientation ability of
the rollers. This ratio is also influenced by the coefficient of friction between the
contacting surface of the roller and the raceway of the inner or outer ring.

• The contact angle is recommended to be between 10° and 45°.

• The osculation, in this case defined as the ratio between the roller and the raceway
transverse radius (𝑃𝐶𝑅𝑅/𝑃𝐶𝑅𝐿𝐵) is recommended to be between 0,965 and 0,995.

• For a bearing configuration with positive offset, it is recommended to define a
transverse raceway radius of between 1,65 and 1,0 times the circumferential raceway
radius.

• For a bearing configuration with negative offset, it is recommended a transverse
raceway radius of less than 1,0 times the circumferential raceway radius, but not
less than 60% of the roller length.

In 2019 Grehn describes a similar design [Gre19]. In this patent, the barrel roller has a
negative offset, this is a smaller PCR than a common barrel roller as defined in DIN 625-1
[DIN94]. With this configuration, the load-bearing capacity of the roller-raceway contact
is expected to increase and prevents at the same time the rolling elements from blocking.
For this design, a range for the distance between the center of the PCR and the bearing
axis is defined. This is, bigger than 0,01 times the distance from the outer raceway to the
bearing axle, and smaller than the difference between this distance and the height of the
roller. Furthermore, the roller length 𝐿𝑤𝑒 is defined to be equal or bigger than twice the
roller diameter 𝐷𝑤𝑒. The osculation of the outer and inner ring, which might be different
from each other, is recommended to be between 0,97 and 0,99.

4.1.3 Corrected geometry for loaded rollers

With the goal of reducing the friction losses taking place in a rolling bearings, several
improvements have been made during the years in terms of optimizing the different contact
areas. The optimization of a rolling bearing geometry usually takes place for an unloaded
static scenario. Like this, however, depending on the application, the rolling bearing will
suffer from different geometrical changes, leading to undesired friction and losses. Once a
rolling bearing is mounted in a housing or shaft, the outer and inner ring are deformed,
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and therefore the rollers tilted. Furthermore, when a rolling bearing is loaded, the rollers
experience axial displacement to a greater or lesser degree. This movement turns into a
different contact situation than the one searched for when optimizing its geometry.
Therefore, in order to achieve even further improvements, it has been realized, that a
designed geometry optimized for its specific application can result into a decrease of the
total frictional losses. In particular for applications where TRB is used, an optimized
geometry for the specific boundary conditions might result in a significant decrease of the
total friction. This optimization puts the focus on the individual friction contacts and the
influence that the load condition has on these.
As already mentioned in Section 2.2.1, the surface lines of the rollers of a TRB must
intersect at a point at the bearing axis in order to obtain an even distribution of the pressure
at the roller. This way, the rollers are symmetrically loaded, ultimately avoiding slippage.
However, once a TRB is mounted, both the outer and inner ring are deformed because
of the forces appearing at their contact with the housing and shaft. This deformation
slightly changes the contact angle of the raceways, so that the surface lines of the loaded
bearing might not intersect at a point at the bearing axis anymore. This means, that the
internal geometry of the bearing no longer corresponds to the ideal optimized geometry.
Therefore, the frictional losses are increased and the bearing life is shortened.
A solution for this problem is first described by Nakamura in 1976 [Nak76]. A TRB used
as the support bearing for the semi-floating rear axle of a motor vehicle is the starting
point of the patent as shown in the left side of Figure 4.4. The external load W causes
the axle to tilt with an angle 𝜃𝑎 with respect to the bearing axis. Therefore, the inner
ring is also tilted with respect to the outer ring. As a result, their surface lines do not
intersect at a point of the bearing axis anymore. In these terms, the patent describes an
optimized geometry for this application. By means of changes in the internal geometry of
the rolling bearing, within the mounted and loaded bearing, the surface lines will intersect
at the bearing axis. The right drawing of Figure 4.4 shows the optimized geometry. The
definition of the internal geometry of the outer ring, the inner ring and the rollers is shown
in Figure 4.5. The patented geometry is defined by an outer raceway which is inclined at
a specific angle (Δ𝑡) with respect to the roller profile. Therefore, while the surface lines
of the inner ring and the roller intersect at a point of the bearing axis 𝑃1, the outer ring
intersects with the bearing axis at a different point 𝑃2. Furthermore, the distance between
the two different intersection points is previously calculated for the specific application
and is influenced by the tilting angle of the shaft 𝜃0. This way, the geometry is not the
optimal one for an unloaded unmounted rolling bearing, but for the specific application.
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Figure 4.4: Semi-floating rear axle of a motor vehicle when mounted with a standard TRB
(left) and with a TRB as described in [Nak76] (right)

Figure 4.5: Geometry of a TRB as described in [Nak76]

A similar invention was made by Pabst and Oswald in 2012 [PO12]. In this case, the
geometry of a TRB was optimized for the mounting of a differential cage in a differential
gear. Otherwise, the basics of the definition of the internal geometry of the rolling baring
is very similar to the patent of Nakamura.
In 2017, Neukirchner defined a TRB based on the same lines as described by Nakamura
and Pabst [Neu17]. In this case, the definition of the inner geometry is made more general,
so that it could be used for different applications. It is not specified, whether the geometry
of the outer ring, the inner ring or both are to be changed. The required inclination of the
conical raceway surfaces is to be calculated and determined by suitable analysis methods.
The angle of inclination results from the specific application and boundary conditions.
For this propose, parameters like the bearing assembly, the operating temperature, the
mounting temperature, the operating loads, the clamping forces and the screw tensioning
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forces have to be known. The ideal bearing geometry is therefore only obtained when the
bearing is fully assembled in the housing and the shaft. In other words, when it is exposed
to the operating load and temperature. Figure 4.6 shows a comparison of a standard
TRB and the geometry defined in the patent. On the left a TRB with surface lines of the
inner and outer ring displayed according to the standard is represented. Thus, the surface
lines intersect at a point at the bearing axis (5,6). On the right, a TRB according to the
invention is represented. In this case, the surface lines cut the bearing axis at different
points (thus, the points 5 and 6 are apart from each other).

Figure 4.6: Standard TRB and TRB with corrected running surface [Neu17]

Another example of an optimization of the inner geometry for an specific application
is the generation D+ of the company Schaeffler [SRW21]. After reaching a limit in
the reduction of the frictional losses with the generation D of bearings (through general
modifications of the geometry in order to optimize the contact, particularly the rib contact),
the attention lays in an application-focused optimization. The so called "tailored design"
of a TRB is conceived in such a way that all requirements of the application in terms of
pressure, service life, rigidity, etc. are still being met, while the friction is kept as low as
possible. As of yet, no specific definitions have been made by the company Schaeffler
on how this "tailored design" of the generation D+ is to be achieved. However, its expected
advantages in comparison to the standard geometry have been published. By this means,
the e-axle of a light commercial vehicle with an empty weight of 2185kg and an engine
output of 85kW (peak) is used as an example application. Within this example, two of
the three shafts of the eAxle drive system were equipped with two friction-optimized TRB
of the generation D+. In other words, four out of six bearings were exchanged. While
with the generation D a reduction of 18% in the bearing friction compared to a standard
TRB was achieved, with the generation D+ a drop-off of up to 56% was observed. This
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shows the potential of optimizing the internal geometry of rolling bearings for a specific
application.

4.1.4 Four point contact

Starting from a commonly known spherical roller bearing as defined in DIN 625-2 [DIN09a],
and a barrel roller bearing as defined in DIN 625-1 [DIN94], several patents are describing
the advantages of splitting the contact area occurring between the roller and both the
inner and the outer raceways in two contact zones. In the common designs described in
the standard norms, the roller either rests on the running track over their entire length,
or just rest on it with their central circumference. When the contact is split in two, four
contact points and areas are obtained, instead of two. These are divided into two for the
outer raceway and two for the inner raceway. By this means, the self-locking effect of the
rollers is avoided.
In 1928, Reichle set the basis for this type of roller geometry in [Rei28] based on a
standard spherical roller. He defined the roller by means of two contact rolling circles of
different diameters. Moreover, the contour of the two arcs are connected with each other
by a straight line. These diameters form, in turn, the contour lines of two cones with the
same contact angle. These cones are such, that the surface lines of the rollers intersect at
a point at the bearing axis. A drawing of the geometry defined by Reichle is shown in
Figure 4.7.

Figure 4.7: Draft of a spherical roller bearing with four contact points as defined by Reichle
in [Rei28]

Such rolling elements are significantly better suited to transfer axial loads without the
risk of wedging than the commonly used spherical rollers. If necessary, they also can be
used as a single row of rollers, in contrast to a spherical roller bearing. This attribute
is due to the fact that, thanks to the peculiar shape of the rollers, the angle between
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the acting axial load and the roller surface absorbing this axial load is increased in
comparison to a spherical roller. Furthermore, oppositely inclined surfaces are available
on each roller so that axial loads in both axial directions can be absorbed by the same roller.

In the case of barrel roller bearings, the division of the contact area of the roller in
two separate areas is first mentioned in [Soc31]. In this case, the splitting does not take
place in terms of a more complex profile of the roller, but as a manufacturing process. In
this sense, a common barrel roller is first divided in two halves. Afterwards, these two
halves are attached together through a middle component like a pin or a spring. Further-
more, the two halves are separated by a flexible intermediate piece. This compensates for
any inaccuracies in the manufacture by absorbing the small forces generated by the bearing
load. By this means, in addition to the roller-raceway contact, a new contact takes place
between the two halves through the intermediate piece. Therefore, the main disadvantage
of this configuration, is the increase in the frictional losses, due to the increase in the
contact area. Additionally, there is a risk that the contact points will enter the self-locking
area in the event of load changes.

Based on this patent, Jacob described in 1992 [Jac92] a different, improved way of
obtaining a four contact point from a barrel roller geometry. Thanks to a cylindrical
section manufactured in the middle of the roller, the two carrying areas, rotationally
symmetric with respect to the rolling body axis, are in turn divided in two. The width
of the section manufactured in the roller and, therefore, the size and location of the two
contact areas, are highly influenced by the equivalent angle for the self-locking effect. By
this means, the contact points are relocated in order to lay at a bigger angle than the
self-locking angle and within the resulting contact length of the corresponding contact area.
With the commonly used material pairings, the angle for the self-locking takes a value of
around 7°. The position of the contact points are therefore preferably to be selected in
such a way that the angle which they form with respect to the central plane of the roller
is bigger than 7°. A drawing of this configuration, where the angle defining the location
of the contact points is represented as 𝛼, is shown in Figure 4.8. By this means, Jacob
defines a roller having four contact points, laying outside the self-locking area, whereby
the jamming of the rolling elements is excluded.
In addition, the cylinder section ensures that no contact can occur in the central area.
Furthermore, the roller can be made longer, with a ratio roller diameter to roller length
bigger than 1:2. This configuration, with a longer guiding length, spares the need of a rib
for guiding the roller elements.
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Figure 4.8: Draft of a barrel roller bearing with four contact points as defined by Jacob
in [Jac92]

According to [Jac92], for barrel rollers with four contact points, particularly favorable
load-bearing conditions take place when the relation between the PCR of the rollers and
the PCR of the raceways follows the formula:

𝑆 = 𝑃𝐶𝑅𝐿𝐵

2 ·𝑃𝐶𝑅𝑅
(4.1)

Where S may take a value between 0,51 and 0,75. In terms of the previous definition of the
osculation as establish by the equation 2.7, this means a range for 𝜅 between 0,5 and 0,98.

Based on his own patent of 1992, Jacob defined a new geometry of a roller bearing
in 2008 [Jac08]. In this case, he defines the basics for the geometrical definition of what he
names a "Tonnenschräglager", a combination of german words for a barrel angular roller
bearing. The main goal of this geometry is to improve the previous geometry of a four
point barrel roller as defined in [Jac92] in terms of increasing its axial load capacity. This
patent describes a barrel roller having four contact points instead of two long contact
areas, as it is the case of a commonly used barrel roller. Furthermore, the roller is inclined
in relation to the bearing axle via a contact angle, such as for TRB. A draft drawing of
this geometry is shown in Figures 4.9 and 4.10.
Similar to the geometry referred in [Jac92], the two osculation contact points of each
raceway (P) are preferably laying outside the self-locking area. This is achieved through
an offset angle of 7° or more between the perpendicular to the roller rotation axle and
the location of the osculation points in the osculation region. To assure that no contact
between the rollers and the raceways takes place in the self-locking area, a relief channel is
provided in the region between the two osculation regions (7).
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Figure 4.9: Draft of a barrel angular roller bearing with four contact points as defined by
Jacob in [Jac08]

Figure 4.10: Draft of a barrel angular roller bearing with four contact points as defined by
Jacob in [Jac08]
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The two resulting osculation regions per raceway are each formed by a circular section
with a constant radius (𝑅1). Their centers of curvature (𝑆𝑃𝐴 and 𝑆𝑃𝐵) lie outside the
center plane of the rolling body (𝑀) and the bearing axis (𝐼) with an offset with respect
to each other. On the contrary, the center of curvature of the roller with radius 𝑅2 lies
on the bearing axis, resulting in an osculation between the roller and the raceways. In
other words a bigger PCR of the raceways compared to the PCR of the roller (𝑅1 > 𝑅2).
By this means, rollers are formed as conical barrels. Furthermore, as it is the case for
TRBs, the contact tangents of the osculation contact points of the inner and outer rings
(𝐵𝐼𝑅 and 𝐵𝐴𝑅) intersect at a point on the bearing axis, as shown in Figure 4.9. With this
configuration, the typical drilling movement, characteristic of barrel rollers, is expected to
be minimized. In addition, the ratio of the roller diameter to the roller length is defined
to be less than approximately 1:2.
The patent of Jacob also defines a cage to guide the rolling bodies parallel to each other
and in the defined alignment to the bearing axis. The cage is held in a groove-like cage
guide as represented in Figure 4.9 by point 9.
With the above geometrical definition, a barrel angular roller bearing is defined to have a
high load capacity in both axial and radial directions and low resulting friction compared
to a TRB. It is expected to combine the advantages of a barrel rolling bearing, such as
lower friction thanks to the absence of rib contact and low sensitivity to edge stresses; and
those of a TRB including high load capacity under combined load conditions.

4.1.5 Summary

The geometries previously introduced, based on several patents, defined the foundation on
which the geometry under study is based. An overview of these patents is listed in Table
4.1. The geometry defined in the patent, as well as its main characteristics are summarized.
Most important, the last column presents the characteristics described in the patent that
are considered for the design of the geometry under study, defined in the next section.
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Table 4.1: Summary of the patents considered for the definition of the geometry under
study

Patent Rolling bearing
type

Geometry characterized by Considered for the ge-
ometry under study

[KB76] Crowned roller
(Spherical, barrel,
toroidal)

How to influence the resulting
skewing by modifying the profil-
ing

Influence of the osculation
and PCR on the resulting
friction

[KKL16] Angular toroidal
roller bearing

Positive and Negative offset. Def-
inition of dimensional parameters
and method for determining them

Associations between pa-
rameters

[Gre19] Angular toroidal
roller bearing

Negative offset. Increase of the
load-bearing capacity. Prevent
from blocking

Associations between pa-
rameters

[Nak76;
PO12;
Neu17;
SRW21]

Tapered roller bear-
ing

Geometry optimization for a spe-
cific application

Influence of the boundary
conditions on the output
parameters

[Rei28] “Conical“ spherical
roller bearing

Four contact point contact. Divi-
sion of contact based on a more
complex profile of the roller and
raceway

[Soc31] Barrel roller bearing Four contact point contact. Di-
vision of the contact based on a
manufacturing process

[Jac92] Barrel roller bearing Four contact point contact. Di-
vision of the contact based on a
manufacturing process

Preferable location of the
contact points. Osculation
values

[Jac08] Barrel angular
roller bearing

Barrel roller bearing with in-
crease axial load capacity

Basic geometry definition
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4.2 Geometry under study

The influence that the geometrical parameter of the rollers and raceways has on specific
output values such as frictional losses or lifetime has been described in Section 2.1.2.
Based on it and on the different patents mentioned in Section 4.1, a new geometry of
rolling bearing has been developed. The internal geometry of the new rolling bearing
has been defined within 13 variables of lengths and angles, as shown in Figure 4.11. It
fulfills the main requirements of a tapered spherical roller bearing (TSRB), also to be
called a barrel/toroidal angular roller bearing. This is, a barrel or toroidal roller inclined
in relation to the bearing axis via a contact angle, such as for TRB. Furthermore, the
roller has four contact points instead of two long contact areas as in the case of commonly
used barrel roller. By means of a crowning-shaped roller combined with a contact angle
nonzero, the angle between the resulting axial load and the roller surface absorbing this
axial load is increased in comparison to a TRB. As a result, the distribution of forces is
such, that a flange is no longer needed. By this means, the bearing friction is expected to
be reduced in comparison with a standard TRB.
The roller-raceway contact of a TRB is optimal and, therefore, its resultant frictional
torque is at its minimum. On the other hand, for the geometry under study, as it is the case
for every angular-contact ball bearing, having a contact diameter that is not orthogonal
to the axis of rotation of the roller results in an undesired drilling friction. Therefore, the
resulting losses at the roller-raceway contact of the new geometry will always be higher
than those of a TRB. Considering all this, the ultimate goal when selecting the geometrical
parameters is that the resulting drilling friction is smaller, than the friction at the flange
when using TRB. In other words, the increase on the frictional losses appearing at the
roller-raceway contact of the geometry under study will compensate the frictional losses at
the roller-rib contact.
An additional characteristic of the geometry under study as represented in Figure 4.11 is
the presence of two osculation contact points on each raceway instead of a line contact
among the whole length. By means of a point contact instead of line contact, the contact
length is decreased and, therefore, the resulting friction reduced. Another key feature that
is fulfilled with this geometry is that the surface lines (𝑆𝑙1, 𝑆𝑙2) of the raceways of the
outer and inner ring intersect at the bearing axis (BA). Consequently, an even distribution
of pressure is expected, allowing for the rollers to be loaded symmetrically and ultimately
avoiding slippage.
A MBS model of the geometry under study will be created (the process will be explained
in Section 5), defining the geometry of rolling elements and races depending on the value
given to the parameters shown in Figure 4.11. The dynamical behavior of the bearing as
well as its lifetime will be affected by the value that these input parameters take.
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Figure 4.11: Geometrical variables defining the new rolling bearing under study

The ultimate goal when searching for an optimal geometry is to reduce the total frictional
losses while keeping a carrying capacity and lifetime comparable to those of a TRB of
the same main dimensions. To achieve this goal, the pressure distribution, the maximum
pressure and the mean pressure at the contact will be closely monitored.
To this end, the dependency of the input geometrical parameters on the resultant frictional
torque and maximum pressure has been studied and presented in Section 7.2. The main
parameters to be changed according to its influence in the friction losses are:

• 𝛼 and 𝛾: The bigger the contact angle (𝛼) of a bearing is, the bigger its axial load
capacity is. Therefore, the contact angle will be chosen in accordance with the
requirements of load conditions. As previously explained in Section 2.1.2, in order
for the surface lines of the raceways to intersect at the bearing axle, the tapered
angle (𝛾) is a direct function of the contact angle (𝛼). It follows thus the equation
2.1.

• 𝑎𝐴 and 𝑃𝐶𝑅: In case of a standard barrel rolling bearing, the center of curvature
of the rollers lays at the bearing axle. In other words, the distance between the
bearing axis (𝐵𝐴) and the axis of the center of curvature (𝑃𝐴) is zero. As explained
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in Section 2.1.2, Figure 2.7, when changing the position of the center of curvature
we have two scenarios. In case of negative offset (−𝑎𝐴 in Figure 2.7), the axis of
the center of curvature (𝑃𝐴) is closer to the raceway of the inner ring. Apart from
its mentioning in different patents ([KKL16; Gre19]), non standard bearing follows
this description. In case of positive offset (+𝑎𝐴 in Figure 2.7), the axis of the center
of curvature (𝑃𝐴) is farther apart from the raceway of the inner rings. This is the
case with toroidal roller bearings. As soon as the distance between the two axes
(𝑎𝐴) is bigger than zero (as it is the example case represented in Figure 4.11), the
PCR of the raceways and the rollers can be made considerably bigger (bigger 𝑃𝐶𝑅).
Therefore the rollers can be made longer (bigger 𝐿𝑤𝑒), which enhances the radial
load carrying capacity. The PCR of the rollers is a key parameter for the search of
an optimal solution. The goal is to be maximize it, so that the drilling friction is
minimized. Yet it has an upper limit in terms of the axial displacement of the roller.
When the PCR is increased, the angle between the resulting axial load and the
roller surface absorbing this axial load is reduced, therefore the axial displacement
increases. If the axial displacement increases above a limit, a rib at the inner ring
will be then needed. This remains to be avoided.

• 𝑠, 𝑎𝑃 and 𝑎𝑃𝑘: s is directly related to the osculation (𝜅), which, as mentioned in
Section 2.1.2, affects the size of the contact area at about its contact points. The
wider the osculation, the smaller the contact area. This, together with the location
of these points, defined by the distance between them (𝑎𝑃 ) and the distance from
the points to the roller edge (𝑎𝑃𝑘), have a major influence on the contact pressure
distribution and the possible skewing of the rollers as explained by Kellström and
Blomqvist in [KB76]. For the starting point of the sensitivity analysis described in
Section 7.2, as well as for the majority of the cases studied, it has been assumed that
the contact points are symmetrical to the roller middle plane as well as its rotation
axis. This means, centered along its contact length, as well as equal for the inner
and outer race. Therefore, the parameters 𝑎𝑃 and 𝑎𝑃𝑘 follow the equations:

𝑎𝑃𝐾 = 𝐿𝑤𝑒

2 (4.2)

𝑎𝑃𝐾 = (𝐿𝑤𝑒 −𝑎𝑃 )
2 (4.3)

• 𝐿𝑤𝑒: In order to maximize the carrying capacity of the rolling bearing, the length
of the roller (𝐿𝑤𝑒) has to be maximized. Since the need of a rib contact at the
inner ring is eliminated, there is no limitation in the roller-end-length needed. In
these terms, the ratio of roller diameter to roller length can be made lower than 1:2.
Another relation between parameters that will be considered is the ratio between
the roller transverse radius 𝑃𝐶𝑅𝑅 and the roller length. This ratio is influenced
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by the coefficient of friction of both roller and ring at the raceway contact. The
lower the ratio, the better is the self-orientation ability of the roller. With all this in
consideration, the ratio 𝑃𝐶𝑅𝑅 to roller length is recommended to be lower than 10
in order to ensure axial self-orientation of the roller during operation.

The main parameters 𝐵 (width), 𝑟 (bore radius), 𝑅 (outside radius) and 𝐷𝑝𝑤 (pitch radius)
define the external geometry and will be chosen regarding the size of a TRB that will
be compared to. This way, a better comparison can be achieved. The angle parameter
𝑤, whereby the roller acquire their tapered form, is directly proportional to the other
parameters and is calculated for each case.
A standard TRB and a standard Toroidal Roller Bearing with an outer diameter of 80 mm
and a bore diameter of 40 mm will be taken as a reference. With this purpose, the value
that the input geometrical parameters defined in Figure 4.11 take for these two rolling
bearings is listed in Table 4.2. In the first row, the parameters for a TRB 32208 of the
Schaeffler company are listed [Sch17]. In the second row, the parameters defining a
Toroidal Roller Bearing CARB 2208 of the SKF company are enumerated [SKF14].

Table 4.2: Parameters defining the new geometry and their value for different bearings
Parameter Description TRB 32208 CARB 2208

𝛼 Contact angle 14° 0°
𝛾 Taper angle 2,29° -
aA Distance from the bearing axis to the

center of the 𝑃𝐶𝑅𝑅

-

aP Distance between contact points - -
aPk Distance from contact point to the edge - -
B Rolling bearing width 24,75 mm 23
𝐷𝑝𝑤 Pitch diameter 60 mm 61,2 mm
𝐷𝑤𝑒 Roller diameter 10 mm 10 mm
𝐿𝑤𝑒 Roller length 17 mm 15,9
PCR 𝑃𝐶𝑅𝑅 - 122,55 mm
r Rolling bearing bore radius 20 mm 20 mm
R Rolling bearing outside radius 40 mm 40 mm
s Osculation (𝑃𝐶𝑅𝐿𝐵 −𝑃𝐶𝑅𝑅) - 5 mm
w Angle proportional to the tapered angle - -
Z Number of rollers 17 16
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In this section, the simulation model developed for the parameter study, sensitivity analysis,
and ultimately profound analysis of the new geometry under study is presented. Using the
parameter set defined in Figure 4.11, a parameterized multi-body simulation (MBS) model
of the new geometry is built via the commercial software MSC.Adams. Within the model,
the geometry of rolling elements, the races and the cage is created depending on the value
given to the geometrical parameters. By means of a parametric study or a sensitivity
analysis (see section 7.2), the influence that these parameters have in specific main outputs
such as the frictional torque can be studied. In section 5.1, the internal structure of the
MBS model created, as well as the interaction between its modules, is presented. The
mathematical description of the contact between the individual rolling bearing elements
and the raceways of the outer and inner ring are carried out using self-developed calculation
routines in the Fortran programming language. A detailed description of the contact
calculation routine is described in detail in chapter 5.2.
A brief description of the TRB model developed and validated by Kiekbusch [Kie17] is
also explained in Section 5.5. This model was used to evaluate the influence of the newly
developed bearing geometry on relevant parameters such as the frictional torque as well as
to compare it with a standard tapered roller bearing.
Figure 5.1 shows the representation examples of a TRB Model (left) and a model of the
new geometry as defined in Figure 4.11.

Figure 5.1: Representation of two simulations models. On the left a 32208 tapered roller
bearing. On the right an example of the geometry under study.
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5.1 Model structure

The MBS model of the new geometry is based on existing dynamic models of different
bearings and self-written user routines developed and improved over the past years at the
Chair of Machine Elements, Gears and Tribology (MEGT) [Teu05] [Hah05] [Woh10] [Aul14]
[Kie17]. Within the model, a coupling of a commercial software and self-programmed
calculation routines is used. A simplified diagram of the procedure followed within the
MBS Model is shown in general form in Figure 5.2.

Figure 5.2: Rolling bearing dynamic simulation at the MEGT Chair.

In order to define the bodies, markers, forces and boundary conditions, scripts built in
the ADAMS / View Command language are used. These scripts are built parametrically
using the input data previously defined. By this means, modifications in the geometry,
material properties, and boundary conditions can be adjusted easily. This allows for an
uncomplicated generation of new models of different bearing types. In addition, a new
geometry and the influence of its geometrical parameters in the output can be achieved,
which is the goal of this work.
Once the geometry has been generated, the input data is transferred from the scripts to
the calculation routines. Within the routines, the seeking of the contact points will be the
focus. After the contact points are found, the penetration on each contact, as well as their
corresponding normal direction to the contact are defined. Subsequently, the calculation
of the velocities, forces and torques at the specific contact point can be implemented.
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The routine for the calculation of the contact point 𝛿, contact normal �⃗� and penetration 𝑝

is the only routine immediately affected by the modifications in the geometrical definition
of the roller-raceway contact. Therefore, the definition of the contact calculation is the
most important for this work. A description of the contact calculation taking place within
the generated MBS model can be found in the following section.
Once the contact has been defined in terms of its three variables (𝛿, �⃗�, 𝑝), the geometrical
definition of the contact does not influence the calculation of the normal force, damping
force and friction force. Therefore, since their calculation is not affected by the internal
geometry of the rolling bearing, the corresponding routines can be directly transferred
from the existing models [Kie17] .

5.2 Contact calculation

The main role of rolling bearings is guiding the machine elements and transferring the
forces. This is mainly conducted by the contact between the rolling elements and the
raceways. This contact is therefore the most important for the simulation. The definition
of the roller-raceway contact in roller bearings is significantly more complicated than for
ball bearings. The rollers and the raceways in contact with them are still rotationally
symmetrical, but the profiles are usually more complex. As a solution, discretized models
must be used in order to obtain an accurate image of the contact and, thus, be able to
calculate the contact conditions. In these terms, a so called "Slice model" will be used. A
description of this model can be found in Section 5.2.1.
The main task of the contact calculation routine is to determine the penetration, the
contact normal and the contact point. Their calculation is based on the geometry of the
two bodies in contact. These parameters are the basis for the further calculation steps.
The three parameters can be defined as follows:

• The penetration 𝛿 (also rigid body penetration) can be understood as the negative
distance between the two contacting surfaces. In other words, the theoretical
penetration depth of the undeformed surfaces.

• The contact normal �⃗� is the direction of action of the normal force occurring in
the contact. It is calculated from the mean of the two surface normals.

• The contact point 𝑝 is the location at which the normal force acts. This point is
located in the middle of the volume enclosed by the rigid body penetration.



58 5.2 Contact calculation

5.2.1 Discretization models

In order to properly define the contact situation between two bodies in contact, the area
of contact must be discretized. Depending on the type of contact, this discretization might
be along the length of the contact in terms of slices (as it is in the case of a roller-raceway
contact), or for an area of contact in terms of a cell (as it is in the case of a roller-end-rib
contact). Both discretization models are explained in detail hereunder

Slice Model The integral approach, successfully applied for the point contact of
a ball bearing [Kie17] is not suitable for correctly determining the contact parameters
in roller bearings. Due to the profiling of the rolling elements and the raceway, a closed
solution to the contact problem is not reasonable. With the help of a slice model, the
rolling element is discretized into a finite number of individual slices in the direction of the
contact line. Subsequently, the contact calculation takes place in the middle of each slice.
By this means, the imaging accuracy of the slice model and the required computing time
will be influenced by the number of slices in which the roller is discretized. The choice of
the number of slices is therefore one of the decisive factors for the quality of the result
and the numerical effort. Figure 5.3 shows a simplified representation of the slice model of
the contact between a profiled rolling element and a plane as well as the parameters to be
obtained for the calculation of the contact.

Figure 5.3: Section plane of the slice model of a barrel roller in contact with a plane
(contact point 𝑝𝑗𝑖 , contact normal �⃗�𝑗𝑖 and penetration 𝛿𝑖) of a body j and a
slice i [Kie17]

A conventional slice model is defined in [DIN11]. Within this model, while the radial
deformation of the slices are independent of each other, the slices stick together in a
torsionally rigid manner. The deformation of each slice can be thus determined by its
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penetration with the contour of the opposite slice of the other body. The distribution
of pressure according to a conventional slice model is shown in Figure 5.4.b. It can be
observed, that the conventional slice model does not properly represent the real pressure
distribution of a roller in terms of edge stresses.
The Alternative Slicing Technique (AST) implemented in the MBS Model used in this work
was first presented by Teutsch in [TS04] and subsequently implemented by Kiekbusch
in [Kie17]. Thanks to the consideration of the mutual influence of the slices, more precise
results can be achieved when implementing the alternative slice model. By this means,
a pressure distribution closer to the real distribution, as shown in Figure 5.4.a, can be
obtained.

Figure 5.4: Qualitative pressure distribution in cylinder-plane contact with and without
tilting of the rolling element: a) real distribution b) distribution according to
a conventional slice model [Teu05]

Cell Model For geometries that cannot be mapped with sufficient accuracy using the
slice model, a cell model can be used. A cell model discretizes the contact surface not only
in the roller axis dimension, but in the perpendicular axis dimension. This is particularly
useful for contacts in which the resulting contact surface deviates significantly from a
standard point and line contact. For example, this is the case of the rib contact of a
tapered roller between the rolling element end and the rib ring. In these terms, a limited
sector containing the contact area of the surfaces of the two bodies in contact is divided
into a defined number of square cells. For each cell, the penetration, contact point and
contact normal have to be determined.

5.2.2 Mathematical determination

When using a slice model to reduce the complexity of the contact situation, the rolling
element is discretised. By this means, on one hand the contact problem is reduced to the
slice center plane and on the other hand each slice leads to a circular geometry. The basic
geometry of the raceways of unprofiled rollers like cylindrical or tapered rollers can be
defined by means of a linear or square surface (plane, cylinder, cone or sphere). However,
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for profiled raceways as well as spherical, barrel or toroidal rollers, the consideration of
a PCR of the raceway leads to the geometry of a torus. For the geometry under study,
as described in Figure 4.11, two different PCR define the profile of a raceway. Thus, the
mathematical descriptions of both inner and outer ring raceways follow two intersected
toruses. In order to simplify the contact definition, it will be first defined which of the
two toruses of the raceway is in contact with the roller bearing. Afterwards, the contact
between the roller bearing and this torus will be calculated using mathematical relations.

Disregarding the tilting of the rolling element, the intersection curve of the raceway
geometry (torus) with the slice planes is a circle (as represented in the left side of Figure
5.6). This calculation must be carried out for each slice with the corresponding raceway
cutting contour.
If the tilting movement of the rolling elements relative to the raceways are taken into
account, the simplification mentioned no longer applies. Depending on the raceway geom-
etry, different blending curves can arise. In case of a torus, its intersection curve with the
slice plane is as shown in the right side of Figure 5.6.
The direct calculation of the intersection curve between the slice and the torus of a raceway
can be done if a surface (torus) is implicitly described and the counter surface (slice)
is described in parametric form [HL92]. Afterwards, the equations for the individual
coordinates (in parametric form) can be introduced in the implicit representation.
The surface of a slice can be defined in terms of a plane. In parametric form, a plane E
can be thus described by a support vector �⃗� and two direction vectors �⃗� and �⃗� with the
two parameters s and t.

𝐸 =
{︁
�⃗� = (𝑥,𝑦,𝑧) ∈ R3 | �⃗� = �⃗� + s�⃗�+ t�⃗�

}︁
𝑚𝑖𝑡 �⃗�, �⃗�, �⃗� ∈ R3 𝑢𝑛𝑑 𝑠, 𝑡 ∈ R (5.1)

On the other hand, the torus is a surface of fourth degree and can be implicitly described
using the radii R and r. Here r is the radius of the rotated circle and R the distance
between the center of the circle and the axis of rotation. When describing the raceways of
our model, as well as a standard spherical or barrel roller bearing, the PCR of the raceway
defines the parameter r or radius of the rotated circle. On the other hand, R, the distance
between the center of the circle and the axis of rotation is defined by the distance between
the bearing axis and the center of the PCR of the raceway.
When the radii of the torus are such that 𝑅 > 𝑟, the surface will be the familiar ring torus
as shown in Figure5.5.a. On the other hand, if 𝑅 < 𝑟, a self-intersecting spindle torus is
built as shown in Figure 5.5.b. Depending on the geometry of the rolling bearing, the
radius r might be smaller than R, making it difficult to provide a real representation of
the contact situation. For further examples, a ring torus will be used in order to offer an
schematic representation.
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The implicit equation in cartesian coordinates for a torus radially symmetric about the
z-axis is: (︂√︁

𝑥2 +𝑦2 −𝑅
)︂2

+ 𝑧2 = 𝑟2 (5.2)

Figure 5.5: Bottom-halves and vertical cross-sections of a ring torus (a) and a spindle
torus (b)

Algebraically eliminating the square root of equation (5.2), a quadratic equation can be
obtained: (︁

𝑥2 +𝑦2 + 𝑧2 +𝑅2 − 𝑟2
)︁2

−4𝑅2
(︁
𝑥2 +𝑦2

)︁
= 0 (5.3)

Inserting the plane equation (5.1) into the implicit torus equation (5.3) leads to a plane
algebraic curve of fourth degree, which has fourteen coefficients in a generally standardized
form. By this means, the cutting contour with a torus is an equation with five coefficients
𝑏𝑖 as follows: (︁

𝑥2 +𝑦2
)︁2

− 𝑏1𝑥2 + 𝑏2𝑦2 + 𝑏3𝑥+ 𝑏4𝑦 + 𝑏5 = 0 (5.4)

The resulting blending curves for the inner ring of a barrel roller bearing and a spherical
roller bearing with 𝑅 > 𝑟 are shown in Figure 5.6. Since for untilted barrel roller bearings
the roller axis is parallel to the bearing axis, the resulting cutting contours are circles. For
spherical roller bearings, the roller axis is tilted relative to the bearing axis, so that the
cutting contours result in algebraic curves according to equation (5.7).
The contact point 𝑝𝑅𝑊 on the raceway section contour can be found as the point of the
cutting contour with the smallest distance to the center point of the slice 𝑝𝑆 . Based on
the contact point 𝑝𝑅𝑊 , the penetration is then obtained in terms of a distance calculation
between the cutting contour and the center of the circle. This can be solved analytically
for the geometry of a torus. By this means, a non-linear system of equations with two
unknowns has to be solved.
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Figure 5.6: Contact geometries (gray and black solid lines) in the middle of the slice plane
for rollers and a toroidal raceway for barrel roller (left) and spherical roller
(right) bearings when using a slice model (five slices) without tilting of the
roller [Kie17] .

In order to determine the contact point 𝑝𝑅𝑊 on the raceway section contour, the points of
intersection between the body surface and the ray in the normal direction of the surface
plane at the discretized points are sought. Afterwards, the transition from the standard
geometries to the real geometries requires the scaling, distortion and shifting or rotation
of the basic geometries. With the approach of homogeneous coordinates, these transforma-
tions are all carried out by multiplying the corresponding transformation matrices, which
significantly simplifies the numerical implementation.
A ray can be parametrically defined by means of a starting point �⃗� (center of the corre-
sponding slice) and a direction vector �⃗� as follows (see Figure):

�⃗�(𝑡) = �⃗�+ 𝑡𝑑 (5.5)

Which can as well be written as:

𝑥(𝑡) = 𝑥𝐸 + 𝑡𝑥𝐷

𝑦(𝑡) = 𝑦𝐸 + 𝑡𝑦𝐷

𝑧(𝑡) = 𝑧𝐸 + 𝑡𝑧𝐷

(5.6)

The point of intersection between the torus and the ray and thus, the contact point 𝑝𝑅𝑊

on the raceway section contour, is obtained by inserting the ray coordinates �⃗�𝑡 (Eq. 5.6)



5.2.2 Mathematical determination 63

into the quadratic equation of a torus (5.3). By this means, the following equation is
obtained:

2𝑅
√︁

𝑥2
𝐸 +2𝑡𝑥𝐸𝑥𝐷 + 𝑡2𝑥2

𝐷 +𝑦2
𝐸 +2𝑡𝑦𝐸𝑦𝐷 + 𝑡2𝑦2

𝐷 =
𝑅2 +𝑥2

𝐸 +2𝑡𝑥𝐸𝑥𝐷 + 𝑡2𝑥2
𝐷 +𝑦2

𝐸 +2𝑡𝑦𝐸𝑦𝐷 + 𝑡2𝑦2
𝐷 + 𝑧2

𝐸 +2𝑡𝑧𝐸𝑧𝐷 + 𝑡2𝑧2
𝐷 − 𝑟2

(5.7)

This equation only contains the ray length parameter 𝑡 as an unknown. Through several
transformations, it results in a fourth degree polynomial of 𝑡, which can be solved analyti-
cally (see, for example, [Gla98]) or numerically (see, for example, [PTV07]). The fourth
degree polynomial having five coefficients has the following form:

𝑏4 · 𝑡4 + 𝑏3 · 𝑡3 + 𝑏2 · 𝑡2 + 𝑏1 · 𝑡+ 𝑏0 = 0 (5.8)

Solving the equation (5.7), the five coefficients of the fourth degree polynomial are defined
as:

𝑏4 = 𝑑𝑜𝑡2
𝑑𝑑

𝑏3 = 4 ·𝑑𝑜𝑡𝑑𝑑 ·𝑑𝑜𝑡𝑒𝑑

𝑏2 = 4(𝑑𝑜𝑡2
𝑒𝑑)+2𝑑𝑜𝑡𝑑𝑑 · (𝑑𝑜𝑡𝑒𝑒 − 𝑟2 −𝑅2)+4𝑅2𝑧2

𝐷

𝑏1 = 4 ·𝑑𝑜𝑡𝑒𝑑 · (𝑑𝑜𝑡𝑒𝑒 − 𝑟2 −𝑅2)+8𝑅2𝑧𝐸𝑧𝐷

𝑏0 = (𝑑𝑜𝑡𝑒𝑒 − 𝑟2 −𝑅2)2 +4𝑅2𝑧2
𝐸 −4𝑅2𝑟2

(5.9)

Where the parameters 𝑑𝑜𝑡𝑑𝑑, 𝑑𝑜𝑡𝑒𝑒 and 𝑑𝑜𝑡𝑒𝑑 are the dot products of the vectors defined
in equation (5.6). This way, they are defined as:

𝑑𝑜𝑡𝑑𝑑 = 𝑑 ·𝑑 = 𝑥𝐷
2 +𝑦𝐷

2 + 𝑧𝐷
2

𝑑𝑜𝑡𝑒𝑒 = �⃗� · �⃗� = 𝑥𝐸
2 +𝑦𝐸

2 + 𝑧𝐸
2

𝑑𝑜𝑡𝑒𝑑 = �⃗� ·𝑑 = 𝑥𝐸𝑥𝐷 +𝑦𝐸𝑦𝐷 + 𝑧𝐸𝑧𝐷

(5.10)

Figure 5.7: Intersection point between the torus (equation (5.3)) and the ray of the roller
slice (equation (5.6)) .
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5.2.3 State Variables

The geometrical definition of the contact at each cutting geometry is defined by means of
three parameters: the penetration, the contact point and the contact normal as defined in
section 5.2.
Under the term State Variables, the calculation variables determining the contact situation
are summarized. These variables describe the contact beyond the geometrical variables of
penetration, contact point and contact normal. These include, for example, the surface
speeds, the resulting relative and total speeds, the lubricant properties in the contact, the
height of the lubricating film and the associated parameters.
The procedure for determining the gap or penetration function in the roller bearing contact
is described below. The calculation is carried out in the body-fixed coordinate system
of the roller. The penetration can be considered as a negative gap, so that it can be
determined from the variation of the gap between the bodies at the discretized points in
terms of a distance calculation between the cutting contour and the center of the circle.
Based on the the contact point 𝑝𝑅𝑊 on the raceway section contour obtained after solving
the equation (5.8) with the coefficients defined in equation (5.9), the determination of
the contact point on the roller surface 𝑝𝑅 can be calculated. Knowing the location of the
center of the slice 𝑝𝑆 , this can be done by scaling the unit vector from 𝑝𝑆 to 𝑝𝑅𝑊 with
the slice radius 𝑟𝑆 as follows:

𝑝𝑅 = 𝑝𝑅𝑊 −𝑝𝑆

‖𝑝𝑅𝑊 −𝑝𝑆‖
· 𝑟𝑆 (5.11)

Based on the contact point on the raceway 𝑝𝑅𝑊 and the contact point on the roller 𝑝𝑅,
the penetration 𝛿 results as the absolute difference between these two points:

𝛿 = ‖𝑝𝑅𝑊 −𝑝𝑅‖ (5.12)

Knowing the contact normal to the raceway �⃗�𝑅𝑊 at the determined contact point 𝑝𝑅𝑊

and the contact normal to the corresponding slice �⃗�𝑅 at the contact point 𝑝𝑅, the resulting
contact normal is calculated as the mean value of the surface normals:

�⃗� = 0.5
(︃

�⃗�𝑅𝑊

‖�⃗�𝑅𝑊 ‖
+ �⃗�𝑅

‖�⃗�𝑅‖

)︃
(5.13)

Finally, the contact point 𝑝, lying in the middle of the enclosed area between 𝑝𝑅𝑊 and 𝑝𝑅

can be obtained as follows:

𝑝 = 𝑝𝑅𝑊 + 𝛿

2 · �⃗� = 𝑝𝑅 − 𝛿

2 · �⃗� (5.14)

An illustrative example of the variables defining the roller-raceway contact is shown in
Figure 5.8.



65

Figure 5.8: Penetration (𝛿), contact points and contact normals at the raceway section
(𝑝𝑅𝑊 and �⃗�𝑅𝑊 ), at the roller surface (𝑝𝑅 and �⃗�𝑅) and in the middle of the
enclosed area (𝑝 and �⃗�) .

5.3 Contact force and load distribution

The load distribution along the rolling element axis can be determined with the help of a
slice model as explained in section 5.2.1. In these terms, as a result of the roller-raceway
contact calculation, the penetration, the contact point and the contact normal are available
as a vector. Based on these vectors, the contact pressures and forces can be calculated
for each individual contact with the corresponding discretization. These variables are
a fundamental prerequisite for the dynamic simulation and are directly used for the
calculation of the load distribution and the stiffness. They are also an important input
variable for calculating the friction conditions.
The methods for the contact calculation of line contacts based on the Hertz’s theory
describe two infinitely long, axially parallel cylinders. This leads to an even distribution of
pressure along the contact line. While the width of the contact surface and the maximum
pressure can be calculated according to Hertz, there is no correlation between the applied
load and the resulting deformation.
Various authors have dealt with this problem developing several solutions. Teutsch
summarizes the most important works and compares their results with the results of two
FE models [Teu05]. The method according to Tripp [Tri85] and Houpert [Hou01] is
used here. Within these methods, the penetration is explicitly defined as a function of the
contact force (𝛿 = 𝑓(𝑄)). However, for the purpose of the dynamic simulation, the contact
force has to be defined as a explicit function of the penetration, since the penetration
is the known variable. Therefore, an approximation is carried out based on the existing
geometry by means of power regression in order to obtain an equation of the following
form:

𝑄𝑖 = 𝑘1 · 𝛿𝑘2
𝑖 (5.15)

This equation has to be determined with the parameters 𝑘1 and 𝑘2. This resembles
the form as described in [DIN11] (based on the work of Palmgren). While Teutsch
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determines the parameters individually for each slice on the basis of the geometry, the
standard specifies values for 𝑘1 and 𝑘2 that are independent of the geometry and material.
However, this simple approach is not suitable for taking into account the profiling of the
rolling element and the raceways as well as the tilting of the rolling elements. For this
purpose, it is necessary to take into account the conditions that vary over the length of
the contact area.
To overcome this limitation, Teutsch developed an Alternative Slicing Technique (AST)
model (section 5.2.1). Based on the half-space theory, the influence that a force 𝑄𝑖 acting
on a slice 𝑖 has on the deformation 𝛿𝑘 occurring on the slice 𝑘, is taken into account.
For that purpose, an influence-number-matrix is used. The method manages with a few
iterations and is therefore very well suited for its use in MBS as a compromise between
accuracy and optimization of computing time [TS04].

5.4 Friction calculation

As already pointed out, the frictional forces in the contact represent an important re-
quirement for a precise simulation of the dynamic behavior of rolling bearings. Frictional
forces take place at every contact points. The basics for their calculation in the model are
described in Section 2.3. However, the way of implementing these principles in the model
is also decisive.
For this purpose, the frictional forces are divided into several categories, which will be
individually calculated. By this means, the total resulting friction will be obtained by
summing each individual force and torque. On the one hand, the frictional forces are
divided into losses or traction forces. On the other hand, they can be divided into solid-
body or lubricating-film forces. This approach has been successfully implemented by
Kiekbusch [Kie17] for different types of standard rolling bearings. The definition of these
categorizations is explained below.

The frictional forces influence the movement of all rolling bearing components. At the same
time, the relative movement of the components to one another influences the frictional
forces. Hence, there is a very strong interaction between the friction and the dynam-
ics of the rolling bearing. In order to procure a correct description of the friction, both
the resistance to movement (losses) and the adhesion behavior (traction forces) are modeled.

Mixed friction occurs in rolling bearings when the height of the lubricating film is not
large enough to separate the roughness peaks of the contact partners from one another. In
[ZH91], Zhou and Hoeprich develop a calculation approach for the efficient description
of friction in mixed friction contact. By this means, they divide the normal force 𝑁 of
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the contact into a part that is borne by the roughness peaks (solid body load 𝑁𝐹 ) and a
part that is borne by the lubricating film (lubricating film load). According to [Tal67],
the calculation of the solid load-bearing component Φ is based on the specific lubricating
film height Λ and two parameters (𝐵𝑍𝐻 and 𝐶𝑍𝐻), which are dependent on the surface
quality:

Φ = 𝑁𝐹

𝑁
= 𝑒𝑥𝑝

(︁
−𝐵𝑍𝐻 ·Λ𝐶𝑍𝐻

)︁
(5.16)

This overall leads to friction losses obtained as the combination of the solid body rolling
torque 𝑀𝑇,𝑆,𝑟, the lubricant rolling torque 𝑀𝑇,𝐿,𝑟 and the material hysteresis 𝑀𝑇,ℎ𝑦𝑠.
Moreover, the traction forces and torques are divided into the solid body sliding force
𝐹𝑇,𝑆,𝑠 and torque 𝑀𝑇,𝑆,𝑠 and the lubricant sliding force 𝐹𝑇,𝐿,𝑠 and torque 𝑀𝑇,𝐿,𝑠. For a
better understanding, the different subscripts together with their description are listed in
Table 5.1.

Table 5.1: Subscripts for the definition of the frictional forces and torques taking place at
the contact

Subscript Description

T Tangential force/torque
S Solid body force/torque
L Lubricant force/torque
r Rolling force/torque
s Sliding force/torque

Within the model, first of all, the above mentioned forces and torques amounts are
calculated on the basis of the State Variables. These are then vectorized using the contact
variables. Finally, the integration or summation of the frictional forces 𝐹𝑇 and moments
𝑀𝑇 of the discretizatized points resulting into the total frictional force 𝐹𝑇 and moment
�⃗�𝑇 in the contact takes place as follows:

𝐹𝑇 = Φ ·𝐹𝑇,𝑆,𝑠 +(1−Φ) ·𝐹𝑇,𝐿,𝑠 (5.17)

�⃗�𝑇 = Φ ·𝑀𝑇,𝑆,𝑟 +𝑀𝑇,ℎ𝑦𝑠 +𝑀𝑇,𝐿,𝑟 +Φ ·𝑀𝑇,𝑆,𝑠 +(1−Φ) ·𝑀𝑇,𝐿,𝑠 (5.18)

5.5 TRB Model

The MBS Model of a TRB used in this work has been developed by Kiekbusch [Kie17]
within the software ADAMS. It is based on the peculiarities of its geometry as well as on
different models previously developed. The following subsections describe the singularities
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of the model, that differ from the model used for the prototype, and therefore are in need
of an additional explanation.
The existing MBS Model, the routines used within the TRB Model, as well as its procedure
of computation and evaluation, have been validated and presented in several studies
[AAH07; SK17; KS17; KFS15; Teu05]. In particular, the state of the TRB Model
used for this work has been validated by Kiekbusch [Kie17]. For this purpose, both
frictional torque measurements and simulations were carried out with a TRB 32216. In
order to confirm the contact modeling, the results for the load distribution were as well
compared with the results of the calculation tool LAGER2 of the Forschungsvereinigung
Antriebstechnik e.V.
Within its validation, it could be shown that the developed model correctly calculates
both the load distribution and the friction conditions in the rolling bearing. Based on
the resulting frictional torque when varying the input parameters (temperature, angular
velocity, and axial and radial load), the simulations showed very small deviations and
confirmed the high model quality.

5.5.1 Rib contact

In tapered roller bearings the contact between the roller-end and the raceway rib has an
important influence on the load distribution and thus the fatigue life. The reason for this
is the different taper angles on the inner and outer ring raceways create an axial force
component that has to be supported by the rib, as explained in Section 2.1.2. As a result,
the definition of this contact has a decisive in fluence on the functionality and losses of
this type of rolling bearing. Furthermore, there is an interaction between the raceway
contact and rib contact in roller bearings. This, however, requires the consideration of the
entire machine element and not only the individual contacts.
The geometries of the roller-end and the raceway rib are mainly responsible for the friction
that occurs in the rib contact and its service life. The geometry of the raceway rib surface
can be divided in three types, depending on the level of detail of the simulation: plane,
cone or profiled cone. Similarly, several geometries of the roller-end can be defined with
different level of detail: plane with edge radius, spherical, spherical with an edge radius
or curved with an edge radius. Within the TRB model used for this work the roller-end
and the raceway rib are defined in such a way, that the combination defines a torus-plane
contact. These geometries can be defined as follows:

• Flat face with edge radius for the roller end (see Figure 5.9a): The profile of this
geometry can be described by a straight line and a quarter circle. In 3-dimensional
space, the edge radius rk results in a torus, while the straight line results in the
“cover” of the torus. In practice, the rolling element will usually touch the raceway
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rib with the edge radius, unless the rib does not have an opening angle and the rolling
element is not skewed. It is therefore sufficient to consider the contact between the
torus and the countersurface.

• Cone for the rib surface (see Figure 5.9b): The countersurface for the roller-end
represents a plane that is not perpendicular to the bearing axis, but has a rib opening
angle. This geometry is often used in roller bearings.

For geometries that cannot be defined with sufficient accuracy using the slice model, a cell
model can be used. This happens in case of the rib contact. When using a cell model, the
contact surface is discretized in two dimensions.

Figure 5.9: Roller end and rib surface geometries implemented in the TRB Model

5.5.2 Hydraulic losses

Liebrecht et al. examined in [LSS15b; LSS15a] the churning losses on a TRB 32208 with
the help of experimental and CFD methods. They establish that the oil foaming has a
decisive influence on the churning and flow losses. With the help of the effective viscosity
of the lubricant-air mixture approximated from the experiments, good correspondences
between the CFD simulations and the measurement results can be shown. In [LSS16] they
deduced a technical-mathematical model named the CoDaC (Calculation of Drag and
Churning) from their investigations. With this model, the hydraulic losses appearing in
TRB can be estimated on the basis of physical principles. For this purpose, they subdivide
the hydraulic losses into churning losses on the roller end and roller profile, as well as the
inner and outer ring and the drag losses through the rolling elements. This approach has
been validated for different types of bearings [Lie18]. In [KLS17], the transferability to
rolling bearings with cylindrical rolling elements in a horizontal arrangement has already
been shown. Although the technical-mathematical model CoDaC has not been per se
implemented into the TRB model, it can be used to externally obtained the hydraulic
losses and in order to add them to the resulting frictional losses.
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In order to validate the MBS generated for the new geometry, experimental tests have
been conducted. For this purpose, first of all, a prototype of the new geometry has been
produced. This process, as well as the parameters defining its geometry is explained in
section 6.1. The experimental tests have been conducted in a test bench described in
section 6.2. Within the experiments, not only the new geometry has been tested, but also a
standard TRB of main dimensions d = 40 mm and D = 80 mm. With that in mind, a TRB
32208 of the company Schaeffler has been chosen. By this means, a better comparison
between the new geometry and a TRB can be achieved. This comparison can take place
in several ways. First of all, each MBS model will be compared with its corresponding
experiments in order to validate the models (presented in section 6.3). Second of all, a
comparison between the simulations as well as a comparison between the experiments of
both types of rolling bearing has be conducted (presented in section 6.4).

6.1 Prototyping

In order to be able to compare the new geometry with a TRB 32208, two prototypes with
main dimensions comparable to a 32208 were produced (Figure 6.1). These prototypes
have a cage made of a conventional polymer cage material (Polyamide 66).

Figure 6.1: Prototype of the new geometry with polymer cage

The inner geometry of the prototype corresponds to the one defined in section 4.2.
Furthermore, the geometrical parameters defining this geometry accordant to Figure 4.11
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are shown on Table 6.1. For the selection of these values, a first optimization of the model
has been conducted, whereby different parameters have been varied in order to reduce the
frictional torque. After the validation of the model, a more extensive optimization has
been performed (section 7.2).
The frictional torque is used as an integral variable to validate the dynamics of the MBS
model. For this purpose, the resulting frictional torque of the prototype has been compared
with those of its MBS Model. These results are presented in section 6.3. Furthermore,
with the purpose of quantifying the benefits of the new geometry, the experimental results
of the prototype have been compared to a TRB 32208. These results are presented in
section 6.4. Further simulation results of the geometry defining the prototype are featured
in section 7.1.
The determination of the surface data required for the simulation was carried out using
measurements obtained with a 3D confocal microscope from NanoFocus. The combined
standard deviation of the roughness in the contact rolling element-raceway, which is used
in the simulation, is 0.22 𝜇m for the prototype and 0.33 𝜇m for the tapered roller bearing.
These values, as well as other roughness values are listed in Table A.3 of Annex A.1.1.

Table 6.1: Parameters defining the geometry of the prototype
Parameter Description Prototype

𝛼 Contact angle 33°
𝛾 Taper angle 4,5°
aA Distance from the bearing axis to the

center of the 𝑃𝐶𝑅𝑅

0,25 mm

aP Distance between contact points 8 mm
aPk Distance from contact point to the edge 9,5 mm
B Rolling bearing width 24,75 mm
𝐷𝑝𝑤 Pitch diameter 58 mm
𝐿𝑤𝑒 Roller length 20 mm
PCR 𝑃𝐶𝑅𝑅 43,83 mm
r Rolling bearing bore radius 20 mm
R Rolling bearing outside radius 40 mm
s Osculation (𝑃𝐶𝑅𝐿𝐵 −𝑃𝐶𝑅𝑅) 2 mm
w Calculation angle 10°
Z Number of rollers 17

6.1.1 Load ratings and calculation factors

Although for standard rolling bearings the load ratings are experimentally obtained, a first
approximation can be made by means of a mathematical determination. The methods and
equations to be used for this determination are explained in section 2.1.4. In case of the
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prototype, this can be done based on its internal geometrical parameters as described in
Table 6.1. For the basic static load rating, the equation (2.10) can be used. Similarly, the
basic dynamic load rating can be obtained from the equation (2.14). For the computation
of the calculation factors, dependent on the contact angle of the roller, the equations listed
in (2.9) and (2.13) have to be used (section 2.1.4).

Table 6.2: Load ratings and calculation factors for the prototype and a TRB 32208
Par. Description Prototype TRB 32208

𝐷𝑤𝑒 Roller diameter 8,4 mm 10 mm
𝐷𝑝𝑤 Pitch diameter 58 mm 60 mm
𝐿𝑤𝑒 Effective roller length 20 mm 17 mm
𝛼 Contact angle 33° 13,55°
𝑍 Number of rollers 17 17

Calculated Catalog

𝑏𝑚 Load rating coefficient 1,13 1,10
𝑓𝑐 Calculation factor 86,61 88,54
𝐶0 Basic static load rating 93,5 KN 104 KN 93 KN
𝐶 Basic dynamic load rating 72,8 KN 86 KN 79 KN
𝑋0 Static radial load factor 0,5 0,5 0,5
𝑌0 Static axial load factor 0,34 0,88 0,88
e Limiting value of 𝐹𝑎/𝐹𝑟 for the

applicability of diff. values of fac-
tors X and Y

0,97 0,37 0,37

𝑋 Dynamic radial load factor 0,4 0,4 0,4
𝑌 Dynamic axial load factor 0,62 1,60 1,60

Table 6.2 summarizes the load ratings and calculation factors obtained for the geometry of
the prototype as well as the additional factors needed for its mathematical determination.
The length of the roller used for the calculation of the load ratings is the effective length.
This means, the length of the roller that is loaded. For the prototype it has been assumed
that 100% of the roller length is loaded. However, this is not true for all the load conditions
studied, but rather changes with the load applied (the influence that the load has in the
contact length of the roller of the prototype is presented in section 7.1). For a better
comparison, the corresponding values of a TRB 32208 (with same main dimensions) are as
well listed. For the TRB, both the calculated values according to DIN ISO 281 [DIN10a]
and the catalog values of the Schaeffler company are listed [Sch17]. It can be observed,
that the mathematically determined load ratings for the TRB 32208 are slightly higher
than those experimentally obtained by the Schaeffler company. Therefore, although
the load ratings for the prototype and the catalog values for the TRB 32208 are similar, it
can be assumed that the real load ratings of the prototype are as well minimally slower
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than those mathematically obtained. As a result, the load ratings of the prototype (when
the whole length of the roller is loaded) are expected to be slightly slower than those of a
TRB 32208.

6.2 Test bench

For the experimentally investigation of rolling bearings, a frictional torque test rig was
developed at the MEGT department several years ago in the course of Aul´s work [Aul08].
This test bench has been used in this work in order to experimentally test the prototypes
of the geometry under study. With the frictional torque test rig it is possible to realistically
reproduce the loads occurring on a bearing in reality.
A CAD view of the test bench pointing out the main parts (black), movements (green) and
loads (red) is represented in Figure 6.2. The test bench is divided into three main modules.
A schematic diagram of the test bench and its three modules is shown in Figure 6.3. In
the test module, the outer ring of the rolling bearing to be examined (test bearing) is
accommodated in the inner ring of a hydrostatic bearing. The outer ring of the hydrostatic
bearing is, in turn, fixed to the base plate. By this means, the frictional torque generated
in the test bearing is transferred to the inner ring of the hydrostatic bearing. Afterwards,
the rotational degree of freedom of the hydrostatic bearing is recorded with a bending
beam force sensor. This can be used to determine the required holding force and thus the
frictional torque.

Figure 6.2: CAD of the frictional torque test bench
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Figure 6.3: Schematic diagram of the frictional torque test bench

The radial load on the test bearing is indirectly applied via the support bearing of the
load module through a load screw. Moreover, the adjustment of the misalignment can
be set independently of the bearing load. For this purpose, the tilt module has a linear
guide, which is, in turn, mounted in a rotary guide. By this means, in order to achieve a
tilted position of the test bearing, the support bearing of the tilt module can be moved
in the radial direction. In this way, the angular position of the test bearing can be set
between 0° and 90° to the radial load direction, so that tilting and skewing, as well as
combined inclined positions, can be set. In addition, an axial force can also be applied via
the support bearing of the tilting module by means of a hydraulic cylinder. The support
bearings of the tilt and load module are accommodated in spherical calottes to compensate
the tilting position.
The lubrication is carried out as oil bath lubrication with FVA reference oil No. 3. The
test chamber is filled with lubricant up to half the height of the lowest rolling element at
standstill. The lubricant data used in the MBS model can be found in the Annex A.1.1.

Table 6.3: Boundary conditions for verification of the simulation model
Shaft diameter 40 mm
Radial load 0 to 8 kN
Axial load 0 to 5 kN
Shaft speed 2000/4000 rpm
Tilting prototype 0 to 0.5°
Tilting TRB 0 to 2,5’

Although the new geometry is intended for high loads, the load that can be applied when
using the frictional torque test bench is limited. The boundary conditions under which
the experimental investigation is conducted are summarized in Table 6.3.
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6.3 Model validation

In order to validate the model created as explained in section 5, experimental results have
to be compared to simulated ones. For this purpose, the total frictional torque is being
used as the main outcome for this comparison.

6.3.1 Previous experiments

As mentioned before, a TSRB has already been studied and compared to a TRB at the
MEGT chair in Kaiserslautern. Within this work, a prototype of a TSRB as defined in the
patent of Jacob [Jac08] without an optimized geometry or surface finish (Ra = 0.15µm)
has been experimentally tested. This was done in order to compare it to a TRB of the
same main dimensions (32314A), having an optimal flange geometry and high quality
surface finish (Ra = 0.03µm). It had been observed, that the TSRB already shown a
frictional torque comparable to the one of a TRB. In this study, both roller bearings (of
70mm shaft diameter) where submitted to an axial load of 20 kN and a variable radial
load from -20kN to 20 kN.
The first validation of the MBS model has been done throughout the usage of the existing
experimental results and comparing them to the simulated values obtained with the MBS
Model. As shown in Figure 6.4 it can be observed, that the frictional torque obtained
in the simulation (black line) when submitted to an axial load of 20 kN is about 5 Nm,
where the radial load has a minimal influence on it. This is a similar outcome to the
experimentally obtained in the original study at the MEGT chair (black line). It has to
be mentioned, that this bearing is a much bigger one, than the one that has been studied
afterwards. (d = 70 mm, D = 150 mm; compared to d = 40 mm, D = 80 mm).

Figure 6.4: Comparison of the experimental and simulated results of the frictional torque
for a tapered barrel roller bearing with the main dimensions of a 32314
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6.3.2 Prototype

After the initial validation, a deeper validation based on the geometry of the prototype
has been conducted. With this purpose, the prototype, as well as a comparable TRB
32208 have been experimentally tested. The results of these experiments, compared with
its simulation, are shown in Figures 6.5 to 6.10. For all the scenarios under study, the
inner ring was rotating at an angular speed of 2000 rpm, while the outer ring was fixed.
Due to limited temperature control possibilities on the test rig, the lubricant temperature
at 2000 rpm is in the range of 50-60°C.
Figure 6.5 shows the resulting frictional torque for different radial loads at a constant
axial load of 3 kN and 4.5 kN, as well as for different axial loads when the radial load is 0
kN. It can be observed, that the lines of both the experiment and the simulation have the
same tendency for the three different load scenarios. Since the influence that the load has
in the resulting frictional torque can be correctly predicted, it can be affirmed, that the
MBS model used, together with the integrated calculation routines, are suitable.

Figure 6.5: Simulation and experimental results of frictional torque for different load
conditions for the Prototype

At pure axial load (solid line) the curves show an almost linear increase in the frictional
torque with increasing axial load. Given the comparatively lower purely axial load present,
it can be assumed that the drilling friction taking place at the prototype outweigh the other
types of friction (similar to the rib friction of the TRB), being this directly proportional
to the load.
It can also be pointed, that for the line of higher axial load (broken line) the influence
that the radial load has on the frictional torque of the prototype is minimal. This is due
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to a reduction in the circumferential load zone when introducing a radial load component
compared to pure axial loading. This turns into fewer rolling elements loaded, each of
them more loaded in comparison to a pure axial load. However, due to the approximately
degressive increase in the frictional torque, the total frictional torque remains at a compa-
rable level or is slightly reduced.

Figure 6.6 shows the totality of the test points for both the prototype (left) and the
TRB 32208 (right) at once, independent of the load scenario. The blue points represent
the relation between the measured friction torque values and those obtained using the
regression models integrated in the developed MBS model. With a perfect model quality,
all the values would lie on the bisector, since the measured and the simulated values
would be identical. The values of the regression model of the TRB show deviations that
do not exceed 20% (dashed lines) for most values. On the other hand, the model of the
new geometry underestimates the measurements for most of the test points studied. The
deviation from the experimental results varies between 20% and 60% from the simulated
frictional torque.

Figure 6.6: Accuracy of the simulation model both for the prototype and the tapered roller
bearing for different dynamic bearing load

In order to understand this deviations from the simulation model better, the test points
have to be studied in relation to the load scenario. Like this, a tendency might be
determined. Figure 6.7 represents the accuracy of the models in terms of its deviation
to the experimental results for both the prototype (green line) and the tapered roller
bearing (blue line), compared to the dynamic bearing load, P. By this means, similar to
the representation in Figure 6.6, it could be assumed that the model is validated when the
ratio simulation to experimental results is higher than 0,8. This denotes a model accuracy
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of 80%, a deviation assumable considering further uncertainties always to be considered in
the experiment.

Figure 6.7: Accuracy of the simulation model both for the prototype and the tapered roller
bearing for different dynamic bearing load

It can be mentioned, that since the prototype has much bigger contact angle than the
32208 bearing (33° to 14°), the influence that the axial load has in the dynamic bearing
load is much smaller for the prototype. Although both bearings were submitted to the
same load conditions within the experimental tests, the difference of their contact angle
turns into much smaller dynamic bearing loads for the prototype. Since the dynamic
bearing load depends on both the axial and the radial load, similar values of 𝑃 have been
obtained for different load conditions. In such cases, only one point has been considered
in order to represent the tendency of the curve, while the other point of similar 𝑃 is
individually represented. For the TRB model, which has been used for many years and
has been deeply studied [Kie17; KS17], we obtain a precision of less than 10% for most of
the cases. This percentage decreases with increasing load, since we have a more defined
contact situation as well as less sliding in the bearing. This behavior is even more noticed
for the prototype, since its model has been designed for high load conditions.
Following the recommendation by the manufacturer of the TRB, a minimum radial load
of the order of 𝑃 > 𝐶0𝑟/60 is necessary for a proper bearing operation. This turns into a
minimum load for the TRB 32208 of 1,56 kN. Assuming that the minimum load required
for the geometry of the prototype follows the same equation, a minimum load of 1,56
kN would be necessary for the proper operation of the prototype. According to this
assumption, together with the experimental results and ultimately the tendency shown in
Figure 6.7, it would be recommended to set the minimum load for the prototype to at
least 2 kN.
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The notable deviation between the simulation results and the experimental results for
the prototype under lower dynamic bearing load could derive from several reasons. As
mentioned before, similar to the TRB, the higher the load, the more defined the contact
situation is as well as less sliding in the bearing. Deviations can also be attributed, for
example, to the lubricant temperature, which cannot be precisely measured. In addition,
there is still potential to optimize the model with regard to the consideration of the contact
stiffness in order to model the real surface roughness in the simulation. The measured
surfaces of the contact partners can be used in a finite element simulation to map the
non-linear material behavior. The results can then be used as input variables for the
multi-body simulation. Since the geometry of the prototype has not been studied before,
it is impossible to know for certain, what is the weight of the hydraulic losses in the
total frictional torque, in order to add those into the model. For the TRB model, the
hydraulic losses are determined within the calculation routines according to the technical-
mathematical approach to calculate the drag and churning losses specifically developed
for this type of bearing [LSS16]. This approach has been validated for different types of
bearings [Lie18]. In [KLS17], the transferability to rolling bearings with cylindrical rolling
elements in a horizontal arrangement has already been shown. Based on this, the present
case results exclusively in churning losses that apply to the complete set of rolling elements.
Adding this information to the simulation results, a more accurate model (represented
in Figure 6.7 by a green broken line) can be obtained for the prototype. The validation
of the technical-mathematical approach for the geometry of the prototype is yet to be
studied, and will be under consideration for future studies at the MEGT chair.

6.4 Comparison with a TRB

Based on the experimental and simulation results obtained for the prototype and the TRB
32208, the benefits of the new geometry can be quantified.
Figure 6.8 compares the resulting frictional torque of both rolling bearings for the simulation
and the experiment with variation of the axial load when purely axial loaded at a speed
of 2000 rpm. At two of the three load points, the measurement result for the prototype
bearing has a higher value than the TRB. The maximum difference for these values is
up to 37%. The reason for this is, that with the comparatively lower purely axial loads
present, the drilling friction of the TRB probably outweighs the rib friction of the TRB.
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Figure 6.8: Comparison of the frictional torques from the simulations and measurements
with variation of the axial load when no radial load is applied

Figure 6.9 shows the frictional torque for different radial loads at a constant axial load of 4.5
kN, again at 2000 rpm. Except for a radial load of approximately 2 kN, the measurement
results for the prototype are above those of the TRB. Therefore, in terms of frictional
torque, for a load condition of 4,5 kN in the axial direction and 2 kN in the radial direction,
the prototype is a better solution than the commonly used TRB. It is also to be mentioned,
the different equivalent dynamic bearing load 𝑃 resulting from the difference in the contact
angle between the two rolling bearings. For the prototype, a load condition of 4,5 kN in
the axial direction and 2 kN in the radial direction results into a 𝑃 of 3,6 kN. On the other
hand, this load conditions results into a 𝑃 of 8,4 kN for the TRB 32208. In order to affirm
that the prototype is a suitable alternative for this load, other output parameters such as
the pressure distribution have to be analyzed. These boundary conditions are, therefore,
the focus of the deeper analysis of the prototype behavior presented in section 7.1.

Figure 6.9: Comparison of the frictional torques from the simulations and measurements
with variation of the radial load when a constant axial load of 4,5kN is applied
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Figure 6.10 shows, in logarithmic scale, the frictional torques for the two test bearings
and the simulation results at different tilt angles in angular minutes. The tilting takes
place in the opposite direction to the direction in which the radial load is applied. With a
constant radial load of 2 kN, the axial load varies from 3,8 kN to 4,6 kN between points.
The value of the axial force for each point can be seen in the graphic, being the same for
both the experiment and the simulation.

Figure 6.10: Comparison of the frictional torques from the simulations and measurements
with variation of the tilt angle

According to the bearing manufacturer, the maximum tilt for a TRB must not exceed
4’, which is why the last two test points (corresponding to 0.25° and 0.5° respectively)
were only measured for the prototype. When looking at the results, the frictional torques
for the TRB are above those of the prototype in two of the three comparable measuring
points.
Generally, it should be noted that an increase in the tilt has no noticeable influence on
the frictional torque, taking into consideration the differences in the axial load, which
were already mentioned. In terms of the validation of the model, the curves represented in
Figure 6.10 for the simulation coincide with the experimentally determined values in both
amount and course, with an accuracy of 96% for the tapered roller bearing and between
76% and 87% for the prototype.
When considering all the results, it can be seen that the TSRB prototype and the TRB
32208 are on a comparable level with regard to the frictional torque. It should be noted that
a comparison is only partially meaningful due to the different pressure angles (Prototype:
33 °; TRB: approximately 14 °). In addition, due to the limited load possibilities given
when using the frictional torque test bench, only a limited range of boundary conditions
could be experimentally analyzed.
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In the previous chapter, the MBS model generated for this work was validated. As
a reference, only the resulting frictional torque was considered, since it is the output
parameter obtained at the frictional torque test bench. Within this chapter, other output
parameters obtained from the simulations are studied in order to understand the internal
behavior of the rollers and raceways better. Like this, in the first section (section 7.1),
output parameters such as the pressure distribution, the velocities and Slide-to-Roll ratio
or the axial displacement of the rollers has been obtained and is represented for both the
prototype and a TRB 32208.
Based on the results obtained for the prototype, a sensitivity analysis has been conducted
and presented in section 7.2. Within the analysis, several key geometrical parameters are
varied, and their influence on the rolling bearing behavior studied.
Relying on the information gathered from the simulations performed, a workflow for
the optimization of the geometry under study has been developed. The key facts when
optimizing the geometry are to maximize the lifetime of the rolling bearing (optimal for a
specific load condition) as well as to maximize the PCR of the roller without the need of
a rib at the inner ring. For this purpose, the axial displacement of the roller has to be
monitored. The workflow is presented and described in section 7.3.

7.1 Prototype

The comparison between the prototype and a TRB 32208 for both the experiments and
the simulations have shown several boundary conditions where the prototype showed lower
frictional torque than the TRB 32208. The deeper study of other outputs obtained from
the simulations focuses on the load scenario of axial load 4,5 kN. Within the validation,
Figure 6.9 shows that for this load condition, the prototype behaves similar to the TRB
32208. Specifically for a radial load of 2kN, a lower frictional torque than the one obtained
for the TRB 32208 was achieved for both the experiments and the simulations.
Figure 7.1 shows the pressure distribution at the outer ring for the load scenario mentioned
before: axial load 4,5 kN and varying radial load. It is to be mentioned, that the slice 1,
on the left side of the graphic, represents the side of the roller with the biggest diameter,
which is the right side of the roller in Figure 4.11.
The three different lines for the prototype (in green) and the TRB 32208 (in blue) represent



83

the three radial loads of 0kN, 2kN and 4kN. Here shall be again mentioned, that the
middle line of 2kN radial load has shown less frictional torque for the prototype than for
the TRB 32208.
For the TRB 32208, a pressure distribution along the majority of the contact length can be
observed. The length of the contact, as well as the maximum pressure, slightly increases
when the radial load is increasing. On the other hand, for the prototype, there are two
pressure peaks which are focused on the two contact points between the roller and the
raceway of the outer ring. Because of this pressure concentration, the increment of both
the contact length and the maximum pressure, when increasing the radial load, is more
substantial.
In terms of the influence of the pressure in the life time of the rolling bearing, the pressure
distribution shown by the prototype has a negative impact, since it is not as equally
distributed as for the TRB 32208. Furthermore, the peak of the maximum pressure is
bigger for the prototype than for the TRB 32208 for the three load conditions under study.

Figure 7.1: Pressure distribution on the outer ring along the contact length for the Proto-
type and a TRB 32208 when submitted to an axial force of 4,5kN and variable
radial force

The increase in the contact length when increasing the radial force is represented in Figure
7.2 for both rolling bearings. The different course followed by the resulting frictional
torque for both rolling bearing types when increasing the radial load represented in Figure
6.9 is the combination of several aspects.
On one side, the reduction in the circumferential load zone when introducing a radial load
component compared to pure axial loading.
On the other side, the variation of the length of the contact loaded, which significantly
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increases for the prototype from a pure axial load (with 35% of the contact length loaded)
to 2kN radial load (with 50% of the contact length loaded) and remains almost constant
from that point on. The contact length for a TRB 32208 remains constant from a pure
axial load to an axial load of 2kN (with 80% of the contact length loaded), when loading
up to 5kN in the radial direction is when a significantly increase in the length can be
observed (with 88% of the contact length loaded).

Figure 7.2: Variation of the length of the contact loaded for the Prototype and a TRB
32208 when varying the radial force under a constant axial force of 4,5 kN

The significant difference in the loaded length affects the carrying capacity of the rolling
bearing as well. As shown in equations 2.10 and 2.14, the load ratings of the rolling bearing
are directly proportional to the effective roller length 𝐿𝑤𝑒, which is the length of the roller
that is loaded. Therefore, the load ratings of the prototype will be reduce in between 50%
and 65% of the calculated ratings listed in Table 6.2, where it is assumed for the total
length to be loaded.
Figure 7.3 represents the ratio 𝑃/𝐶 for both rolling bearings for the three load scenarios
considered. Although the resulting equivalent dynamic load P is different for both rolling
bearings because of the difference in the contact angle (33° for the prototype and 14° for
the TRB 32208), the decrease in the dynamic load rating 𝐶 for the prototype turns into a
similar ratio 𝑃/𝐶 for both rolling bearings.
The combination of these parameters (resulting circumferential load zone, effective roller
length, and ratio 𝑃/𝐶) for the different load scenarios results into a lower frictional torque
for the prototype than for the TRB when loading with 4,5kN in the axial direction and
2kN in the radial direction.
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Figure 7.3: 𝑃/𝐶 ratio for the prototype (green) and a TRB 32208 (blue) for the three load
scenarios under study

The relation between the velocities of the rollers and the raceways has been studied as
well in order to obtain the Slide-to-Roll ratio (SRR) of the two bodies in contact and with
it a description of the slip condition presenting at the contact. Figure 7.4 represents both
the summation 𝑢0 and the difference 𝑢𝑟𝑒𝑙 of the circumferential velocities.

Figure 7.4: Summation (𝑢0) and difference (𝑢𝑟𝑒𝑙) of the circumferential velocities of the
roller and the outer ring raceway along the contact length for the Prototype
and a TRB 32208 when submitted to an axial force of 4,5kN and a radial force
of 2kN

With these two parameters of velocities, the SRR can be obtained following equation (2.25)
as the ratio between them. Figure 7.5 shows the resulting SRR for both rolling bearings
along their contact length. According to the definition of the SRR made in section 2.3.1, a
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𝑆𝑅𝑅 = 0 represents a pure rolling movement, while a SRR in between 0 and 2 represents
a sliding-rolling movement. The bigger the SRR value is, the bigger the sliding friction.
Therefore, it can be seen, that the sliding occurring for the prototype (right vertical axis)
is bigger than for the TRB 32208 (left vertical axis), represented in a scale 100 times
smaller. Furthermore, for the prototype, the sliding friction increases when moving away
from each contact point. As shown in Figure 7.1 for the pressure distribution, the contact
points lay at slices 4 and 16. The resulting sliding friction is, together with the drilling
friction, a factor affecting the resulting higher frictional torque for the prototype. However,
the sliding friction has in comparison less of an influence than the rolling and the drilling
friction.

Figure 7.5: Resulting Slide-to-Roll ratio for a TRB 23308 (left axis) and the Prototype
(right axis) along the contact length on the outer ring when submitted to an
axial force of 4,5kN and a radial force of 2kN

7.2 Sensitivity Analysis

In order to analyze the influence that the geometrical parameters described in section
2.1.2 have on the output parameters of the simulation, a sensitivity analysis has been
conducted. For this purpose, a TRB 32208 (blue for each diagram) and a reference bearing
(green for each diagram) based on the geometry under study will be compared with several
geometries. Within these geometries, based on the reference geometry, a specific parameter
has been varied.
In the first four subsections (sections 7.2.1, 7.2.2, 7.2.3 and 7.2.4), the influence that the
parameters 𝑃𝐶𝑅 of the roller, contact angle 𝛼, osculation 𝜅 and the location of the contact
points have on the main outcomes frictional torque and maximum pressure is studied and
presented for six different load scenarios. Afterwards, in the last subsection of this chapter
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(section 7.2.5), several dependencies and outcomes are studied. These are: the resulting
axial displacement of the roller, the resulting frictional torque when increasing the axial
load up to 40kN and the influence of the angular velocity.
The parameters defining the reference bearing are listed in Table 7.1. The selection of
these parameters is based on several features:

• In order to have a better comparison between the TRB 32208 and the reference
bearing, the parameters 𝐵, 𝐷𝑝𝑤, 𝐿𝑝𝑤, 𝑟, 𝑅 and 𝑍 as well as a contact angle 𝛼 and
the resulting taper angle 𝛾 of a TRB 32208 have been chosen (see Table 4.2). By
selecting the contact angle 𝛼, the load angle will have a similar influence in the
behavior of both bearings.

• The location of the contact points (defined by the parameters 𝑎𝑃 and 𝑎𝑃𝑘) is chosen
in such a way, that the contact points are centered along the contact line. This
means a value for the parameters of: 𝑎𝑃 = 𝐿𝑤𝑒/2 and 𝑎𝑃𝑘 = (𝐿𝑤𝑒 −𝑎𝑃 )/2.

• The 𝑃𝐶𝑅𝑅 of a toroidal roller bearing is considered an upper limit in terms of the
axial load that the roller-raceway contact is able to absorb. Therefore, the 𝑃𝐶𝑅𝑅

of the reference bearing is chosen smaller than the one of a CARB 2208. By this
means, the 𝑃𝐶𝑅𝑅 of a CARB 2208 (see Table 4.2) can be studied as a bearing with
increased 𝑃𝐶𝑅𝑅 in comparison with the reference bearing.

• The osculation 𝑠 is chosen from the value of a CARB 2208 (see Table 4.2).

Table 7.1: Parameters defining the geometry of the reference bearing
Parameter Description Reference bearing

𝛼 Contact angle 14°
𝛾 Taper angle 2,39°
aA Distance from the bearing axis to the

center of the 𝑃𝐶𝑅𝑅

62 mm

aP Distance between contact points 8,5 mm
aPk Distance from contact point to the edge 4,25 mm
B Rolling bearing width 24,75 mm
𝐷𝑝𝑤 Pitch diameter 60 mm
𝐿𝑤𝑒 Roller length 17 mm
PCR 𝑃𝐶𝑅𝑅 100 mm
r Rolling bearing bore radius 20 mm
R Rolling bearing outside radius 40 mm
𝜅 Osculation 0,95
w Calculation angle 2,5°
Z Number of rollers 17
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Table 7.2: Variations of key parameters based on the reference bearing considered for the
sensitivity analysis

Parameter Ref. Bearing ↑ ↑↑ ↓ ↓↓ Unit

𝑃𝐶𝑅𝑅 100 122,5 250 36 28 mm
𝛼 14 18 10 °
𝜅 0,95 0,99 0,90 -
𝑎𝑃 8,5 10 7 mm
𝑎𝑃𝑘 4,25 5,5 3 mm

The variations of the key parameters considered for the sensitivity analysis are enumerated
in Table 7.2. It has to be mentioned, that only one parameter has been changed at a time,
either to be increased or decreased in comparison with the reference bearing. The load
scenarios considered for this analysis (bars), together with the corresponding ratio 𝑃/𝐶

for both the TRB 32208 (blue line) and the reference bearing (green line), are shown in
Figure 7.6.
Similar than for the prototype, a reduction on the length of the contact loaded 𝐿𝑒𝑓𝑓 ,
reduces the resulting dynamic load rating 𝐶. Depending on the load condition, the effective
contact length 𝐿𝑒𝑓𝑓 varies for the reference bearing between 74% and 77% of the total
length of the roller 𝐿𝑤𝑒, while for the TRB 32208 this variation goes from 80% to 93%.
On the other hand, the equivalent bearing load 𝑃 is the same for both rolling bearings,
since the contact angle defining the geometry is the same: 𝛼= 14°. Because of this, the
resulting ratio 𝑃/𝐶 is bigger for the reference bearing than for the TRB 32208.

Figure 7.6: Load scenarios considered for the sensitivity analysis and the resulting ratio
𝑃/𝐶 for both rolling bearing types
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7.2.1 PCR of the roller

When varying the 𝑃𝐶𝑅 of the rollers, their crowning changes, affecting the resulting axial
displacement of the roller. When increasing the 𝑃𝐶𝑅, a flatter roller results, increasing
its axial displacement. This behavior, explained in Figure 2.8 is due to the fact that the
angle between the acting axial load and the roller surface absorbing this load is decreased.
On the other hand, when decreasing the PCR of the roller, a more crowned roller results,
which increases the drilling friction and in turn the total resulting frictional moment.
For the geometry under study, a 𝑃𝐶𝑅𝑅 of 36 mm (↓) results into a parameter 𝑎𝐴 = 0
according to Figure 4.11. This means, that the distance between the bearing axis (𝐵𝐴)
and the axis of the center of curvature (𝑃𝐴) is zero. Furthermore, a 𝑃𝐶𝑅𝑅 of 28 mm (↓↓)
results into a negative distance between the two axes.
The resulting frictional torque for the TRB 32208 (blue bars), the reference geometry
(green bars) and the 𝑃𝐶𝑅𝑅 variations is shown in Figure 7.7. As expected, compared
to the reference bearing, an increase in the 𝑃𝐶𝑅𝑅 (grey bars) turns into a reduction of
the resulting frictional torque. On the other hand, a decrease of the 𝑃𝐶𝑅𝑅 (yellow bars)
turns into an increased frictional torque because of the rise of the drilling friction.

Figure 7.7: Frictional torque for the different load scenarios and rolling bearings when
varying the PCR as described in Table 7.2

When looking at the resulting maximum pressure when varying the 𝑃𝐶𝑅𝑅 (Figure 7.8),
the pressure peaks occurring for the geometries with increased 𝑃𝐶𝑅𝑅 stand out (*). These
peaks result from the stress concentration in the edge area consequence of a notable axial
displacement of the roller and the corresponding relocation of the contact points near the



90 7.2 Sensitivity Analysis

edge of the roller. These stress peaks would have a decisive influence on the load-bearing
capacity and the service life and have to be therefore avoided.

Figure 7.8: Maximum pressure for the outer ring for the different load scenarios and
rolling bearings when varying the PCR (* Pressure peaks due to an stress
concentration in the roller edge) as described in Table 7.2

Figure 7.9: Outcome axial displacement for a bearing with a smaller ↓ 𝑃𝐶𝑅𝑅 (a), the
reference bearing (b), and one with a bigger ↑ 𝑃𝐶𝑅𝑅 (c) when submitted to
an increase in the axial load from 4kN to 7kN and finally 10kN

The resulting axial displacement for different 𝑃𝐶𝑅𝑅 is illustrated in Figure 7.9. An
increment in the axial displacement of the rollers, when increasing the 𝑃𝐶𝑅𝑅 can be
observed. This displacement is bigger when increasing the load (along the vertical). Fur-
thermore, the higher the load is, the higher the pressure and longer the loaded length is.
The axial displacement of the roller changes the original location of the contact points
(displacement of the pressure peaks along the horizontal). The pressure peak resulting
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from the approximation of the contact point to the roller edge can be noticed both on the
reference bearing (b) and more pronounced on the bearing with ↑ 𝑃𝐶𝑅𝑅 (c).
The geometry with a 𝑃𝐶𝑅𝑅 = 36𝑚𝑚 (↓ 𝑃𝐶𝑅𝑅), this is a distance between the bearing
axis (𝐵𝐴) and the axis of the center of curvature (𝑃𝐴) of zero (𝑎𝐴 = 0), turns into a
reduction of the maximum pressure (Figure 7.8). Whereas, on the other hand, a reduction
of the 𝑃𝐶𝑅𝑅 turning into a negative distance 𝑎𝐴 between the two axes (↓↓ 𝑃𝐶𝑅𝑅) results
into a reduction of the maximum pressure compared to the reference bearing, but an
increase compared to the bearing with 𝑃𝐶𝑅𝑅 = 36𝑚𝑚.

Conclusion With the ultimate goal of reducing the frictional torque, the 𝑃𝐶𝑅𝑅

has to be increased. Nevertheless, there is a limit on this reduction based on the axial
displacement of the roller and the location of the contact points. The location of the
contact points will be affected by the axial displacement. By this means, resulting stress
peaks due to the proximity of the contact points to the roller edge have to be avoided.
Furthermore, if the axial displacement is too big, a rib contact would be needed in order
to absorb the resulting axial forces that the roller-raceway contact is not able to absorb
on its own. The need of a rib, and its resulting frictional torque has to be avoided in order
to reduce the overall resulting friction.
Although the levels of maximum pressure of the reference bearing are comparable to a
TRB 32208, increasing the 𝑃𝐶𝑅𝑅 would as well increase its maximum pressure. This
parameter has to be monitored and maintained at the same order of magnitude than the
one of a TRB 32208. Like this, a similar resulting lifetime and carrying capacity can be
expected.
The maximum pressure occurring at the TRB 32208 is more influenced by an increase of
the radial load (from load scenario 1 to 4), than the reference bearing. This is because
the maximum pressure obtained for the reference bearing is already affected by a stress
concentration of the roller edge (see Figure 7.9.b). The increase on the contact length
when increasing the load, an effect more accentuated for the new geometry under study,
has also an influence on the resulting maximum pressure.

7.2.2 Contact angle

A study of the influence of the contact angle 𝛼 for the different load scenarios is shown
in Figure 7.10 and Figure 7.11. The variations in the results are directly related to the
resulting contact length, which is represented in lines in Figure 7.10. An increase in the
contact angle 𝛼 (grey) results into a reduction of the contact length 𝐿𝑒𝑓𝑓 from 75% of the
total length of the roller 𝐿𝑤𝑒 for the reference bearing, to around 45% for the bearing
with bigger contact angle. This, in turn, reduces the frictional torque around 25%. On
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the other hand, the load carrying capacity of the rolling bearing decreases significantly.
Similarly, a reduction of the contact angle 𝛼 (yellow) increases the contact length of up
to 90% of the total length of the roller 𝐿𝑤𝑒, values even bigger than for the TRB 32208.
This, therefore, increases both the frictional torque as well as the load carrying capacity.
Furthermore, it can be seen that, as expected, the influence of the axial force is bigger, the
smaller the contact angle is (Load scenarios 1, 5 and 6), while the influence of the radial
load is minimal for all cases studied (Load scenarios 1, 2, 3 and 4).

Figure 7.10: Frictional torque (bars) and contact length (lines) for the different load
scenarios and rolling bearings when varying the contact angle as described in
Table 7.2

Figure 7.11: Maximum pressure for the outer ring for the different load scenarios and
rolling bearings when varying the contact angle as described in Table 7.2
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The resulting maximum pressure, represented in Figure 7.11, is not that affected by
changes on the contact angle as the frictional torque is. In terms of its dependency with
the applied load, it is directly proportional to the axial load (Load scenarios 1, 2, 3 and
4). On the other hand, the influence that the radial load has on the resulting maximum
pressure (Load scenarios 1, 2, 3, 4) is much more related to the contact angle, having a
smaller influence for cases with bigger contact angle.

Conclusion The contact angle 𝛼 of the rollers directly affects the resulting ef-
fective length 𝐿𝑒𝑓𝑓 and therefore the carrying capacity of the rolling bearing. It has to
be chosen based on the application and load condition, in a way that both the carrying
capacity and ultimately the lifetime can be comparable to the ones of a TRB of same
main dimensions.

7.2.3 Osculation

The osculation between the roller and the raceway defines how narrow or wide the roller-
raceway contact is (see equation (2.7). Furthermore, it has a direct impact on the length
of the contact between the rollers and the inner and outer ring (see Figure 2.9). Moreover,
the length of the contact area directly influences the resulting frictional torque and the
maximum pressure at the contact. This behavior can be observed for both the resulting
frictional torque (Figure 7.12) and the maximum pressure (Figure 7.13).

Figure 7.12: Frictional torque for the different load scenarios and rolling bearings when
varying the osculation as described in Table 7.2
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Figure 7.13: Maximum pressure for the outer ring for the different load scenarios and
rolling bearings when varying the osculation as described in Table 7.2

Like this, a narrower osculation (↑ 𝜅, grey bar) turns into a bigger contact length and,
therefore, higher frictional torque and lower maximum pressure. On the other hand, a
wider osculation (↓ 𝜅, yellow bar) turns into a smaller contact length and, therefore, lower
frictional torque and bigger maximum pressure.

Conclusion The osculation has a direct impact on the length of the contact and
therefore the frictional torque and maximum pressure. Although it is a successful approach
to regulate these two output parameters, the contact length significantly affects the load
carrying capacity as well. The goal of this work is to search for a substitute for TRBs
maintaining their high carrying capacity. Therefore, the contact length (effective roller
length 𝐿𝑤𝑒 for the calculation of the load ratings) has to be chosen in order to obtain a
resulting carrying capacity comparable to the one of a TRB of same main dimensions.

7.2.4 Contact points location

The location of the two contact points is defined via two parameters: 𝑎𝑃 defines the
distance between the points and 𝑎𝑃𝑘 the distance from one point to the roller edge (see
Figure 4.11). The outcome when varying the distance between points is represented
in Figure 7.14 for the frictional torque and Figure 7.15 for the maximum pressure. It
has to be mentioned, that when varying the distance between points 𝑎𝑃 , the distance
from one point to the roller edge 𝑎𝑃𝑘 has been accordingly changed in order to obtained
centered contact points along the roller length (following equation (4.3)). By this means,
an increase of the distance between points ↑ 𝑎𝑃 up to 10mm results into a distance to the
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edge 𝑎𝑃𝑘 = 3,5𝑚𝑚. Likewise, a reduction of the distance between the points ↓ 𝑎𝑃 up to
7mm results into a distance to the edge 𝑎𝑃𝑘 = 5𝑚𝑚.
The influence that the distance between contact points 𝑎𝑃 has on the resulting frictional
torque and maximum pressure is smaller compared to the influence that other geometrical
parameters have on them. However, when choosing its value, the resulting pressure
distribution has to be considered in order to avoid pressure peaks and ultimately increase
the carrying capacity and lifetime of the rolling bearing.

Figure 7.14: Frictional torque for the different load scenarios and rolling bearings when
varying the distance between points 𝑎𝑃 as described in Table 7.2

Figure 7.15: Maximum pressure for the outer ring for the different load scenarios and
rolling bearings when varying the distance between points 𝑎𝑃 as described in
Table 7.2
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Furthermore, as mentioned by Jacob in [Jac92; Jac08], the position of the contact points
are preferably to be selected in such a way that the angle which they form with respect to
the central plane of the roller is bigger than 7°. By this means, the four contact points
are laying outside the self-locking area, whereby the jamming of the rolling elements
is excluded. With the variation of the parameter 𝑎𝑃 and consequently 𝑎𝑃𝑘, the angle
mentioned by Jacob varies from 7,8° to 10,2°.

The results regarding the variation of the distance from one point to the edge 𝑎𝑃𝑘

are represented in Figure 7.16 for the frictional torque and Figure 7.17 for the maximum
pressure. In order to understand the results better, the pressure distribution along the
contact length for the reference bearing has to be analyzed (Figure 7.9.b). If the contact
points of the reference bearing are moved to the left of the figure (↑ 𝑎𝑃𝑘), the contact
length would be decreased and the maximum pressure increased due to the stress concen-
tration on the roller edge. On the other hand, if the contact points of the reference bearing
are moved to the right of the figure (↓ 𝑎𝑃𝑘), the contact length would be increased and
the maximum pressure due to the stress concentration on the roller edge decreased. This
behavior can be observed at the resulting frictional torque and maximum pressure. By
this means, a variation of ↑ 𝑎𝑃𝑘 results into lower frictional torque and higher maximum
pressure (edge stress concentration). Likewise, a reduction on its value ↓ 𝑎𝑃𝑘 results in a
higher frictional torque and lower maximum pressure.

Figure 7.16: Frictional torque for the different load scenarios and rolling bearings when
varying the distance from one point to the edge 𝑎𝑃𝑘 as described in Table 7.2



7.2.5 Dependencies 97

Figure 7.17: Maximum pressure for the outer ring for the different load scenarios and
rolling bearings when varying the distance from one point to the edge 𝑎𝑃𝑘 as
described in Table 7.2

Conclusion The location of the contact points directly affects both the contact
length and the axial displacement of the roller. It has to be chosen in a way that stress
concentrations on the roller edge are avoided and, at the same time, the contact length
is maximized in order to maximize the load carrying capacity. Although the distance
between the contact points 𝑎𝑃 has a small influence on the resulting frictional torque and
maximum pressure, its value has to be chosen accordingly to the rest of the parameters
in order to obtain an even distribution of pressure and avoid stress concentrations at the
roller edge. The distance from one contact point to the edge 𝑎𝑃𝑘 has, in comparison to
the distance between contact points 𝑎𝑃 , a bigger influence on the frictional torque and
maximum pressure.

7.2.5 Dependencies

Beside the influence the key geometrical parameters are having on the main outputs
frictional torque and maximum pressure, additional dependencies have to be considered
and studied. Within this section further results will be analyzed. These are: the resulting
axial displacement of the roller, the resulting frictional torque when increasing the axial
load up to 40kN and the influence of the angular velocity.

Axial displacement An overview of the axial displacement taking place for different
geometries when increasing the axial load is shown in Figure 7.18. Because pure axial load
is applied, the rolling bearings are only displaced on the axial direction. A negative axial
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displacement is considered when the roller shifts in the same direction than the axial force
which is applied. In these terms, a positive axial displacement turning into the need of a
rib, has to be avoided.
In discontinuous lines we can see the example of TRB with different profiles of roller
according to Tong and Hong [TH17]. The roller of this study has the same main
dimensions as the TRB 32208. In regards to the TRB, Tong and Hong observed that
the axial displacements of all the TRBs increase almost linearly with the increase of the
axial preload, with approximately the same slopes of the lines. This further implies that
the same amount of added axial preload results in the same induced axial displacements
regardless of the roller profiles. Furthermore, the more length of the roller is crowned, the
bigger the resulting axial displacement is.

Figure 7.18: Resulting roller axial displacement when increasing the axial load for different
geometries as well as different roller profiles of TRB according to [TH17]

For the new rolling bearing geometry under study, the resulting axial displacement is
highly influenced by the 𝑃𝐶𝑅. This behavior is as well observed in the pressure distribu-
tion represented in Figure 7.9. The axial displacement shown for the reference bearing
(green line) has a similar value and progression as the TRB with straight roller. When
reducing the 𝑃𝐶𝑅 (light grey line), the angle between the acting axial load and the roller
surface absorbing this load is increased. Therefore, a smaller axial displacement (negative)
is obtained. On the other hand, the high positive axial displacement observed for the
geometry with ↑ 𝑃𝐶𝑅 (dark grey line) results from reducing the angle between the acting
axial load and the roller surface absorbing the load. This high axial displacement can lead
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to instabilities on the dynamic behavior of the rolling bearing, ultimately resulting into
the disengagement of the roller from the raceways.
The location of the contact points can be modified in order to reduce the axial displacement
of the roller. In these terms, an increase of the distance between points 𝑎𝑃 (yellow line),
as well as a reduction of the distance from one point to the roller edge 𝑎𝑃𝑘 (brown line)
turns into a diminution of the axial displacement of the roller. Furthermore, a smaller 𝑎𝑃𝑘

significantly reduces the influence that the axial preload has on the axial displacement of
the roller.

Angular velocity For all the simulation results presented before, the angular ve-
locity was always set at 2000 rpm. However, depending on the application, this value
might change. As an example, the wheel bearing of a passenger car would turn at approxi-
mately 1000 rpm for example when driving at 120 kmh. Therefore, the influence that the
angular velocity has on the behavior of the rolling bearing has to be studied as well.
Figures 7.19 and 7.20 represent the resulting frictional torque and maximum pressure for
a TRB 32208 (blue) and the reference bearing (green) when varying the angular velocity
between 1000 rpm (light line), 2000 rpm and 4000 rpm (dark line).

Figure 7.19: Frictional torque for the different load scenarios for the TRB 32208 (blue)
and the reference bearing (green) when varying the angular velocity of the
inner ring

In Figure 7.19 it can be observed, that the influence that the angular velocity has on
the frictional torque is slightly different for the reference bearing and for the TRB 32208.
Although for both types of bearings a higher angular velocity turns into higher frictional
torques, this increment is different depending on the value of the angular velocity. This
way, a much bigger increment can be observed for the TRB than for the reference bearing
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when increasing from 1000 rpm to 2000 rpm. Moreover, the increment is much smaller for
the TRB than for the reference bearing when increasing from 2000 rpm to 4000 rpm. This
is a similar result than the one obtained by Kiekbusch when validating the TRB model
[Kie17], with a curve frictional torque to angular velocity steeper for a higher axial force.
Generally, the influence that the angular velocity has on the frictional torque for the
reference bearing does not depend on the value of the angular velocity, where the three
lines of the reference bearing a similar distance between them.
In terms of the maximum pressure (see Figure 7.20), the variations of the angular velocity
has a minimum influence on the maximum pressure for both rolling bearings under study.

Figure 7.20: Maximum pressure for the outer ring for the different load scenarios for the
TRB 32208 (blue) and the reference bearing (green) when varying the angular
velocity of the inner ring

Higher load The load scenarios studied for the prototype were restricted due to the
limitations of the frictional torque test bench used for its experimental tests. By this
means, the maximum load condition studied in sections 6.3, 6.4 and 7.1 was of 4,5 kN on
the axial direction and 4 kN on the radial direction.
In section 7.2, the highest load condition studied corresponded to a pure axial load of
10 kN, resulting into a ratio 𝑃/𝐶 of 0,17 for the TRB and 0,24 for the reference bearing.
This is yet far to be consider a high load scenario.
Figures 7.21 and 7.22 represent the tendency of the resulting frictional torque and maximum
pressure when increasing the axial load up to 40 kN for a TRB 32208, the reference bearing,
as well as different crowning of the roller (𝑃𝐶𝑅). A load condition of pure axial load of
40 kN results into a ratio 𝑃/𝐶 of 0,67 for the TRB and 0,85 for the reference bearing.
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Figure 7.21: Frictional torque for different rolling bearings and higher axial load when
varying the osculation at a constant angular velocity of 2000 rpm

Figure 7.22: Maximum pressure for the outer ring for different rolling bearings and higher
axial load when varying the osculation (* Pressure peaks due to an stress
concentration in the roller edge)

In Figure 7.21 it can be observed that the resulting frictional torque for the TRB does
not vary that much compared to the new geometry under study (650 Nmm for 4,5 kN
up to 1100 Nmm for 40kN). Moreover, the tendency for the new geometry (slope of the
lines) considerably varies when varying the 𝑃𝐶𝑅 of the roller. This way, the frictional
torque of a more crowned roller (↓ 𝑃𝐶𝑅 and ↓↓ 𝑃𝐶𝑅) increases faster when increasing the
axial load than a flatter roller (↑ 𝑃𝐶𝑅). In other words, for high loads, the influence that
the 𝑃𝐶𝑅 of the roller has on the resulting friction is much bigger than for lower loads.
Furthermore, the optimization of the new geometry in order to achieve a lower frictional
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torque than the one obtained with a TRB is more challenging for higher load scenarios.
An example of an optimization for higher loads has been studied and presented in section
7.4.1.
For the standard TRB 32208, although the frictional torque increases when increasing the
axial load, its fluctuations are too small to be appreciated in this representation.
On the other hand, the resulting maximum pressure (see Figure 7.22) increases faster for
the TRB than for the reference geometry, when increasing the axial force. Likewise, in
contrast to the frictional torque, the maximum pressure of a more crowned roller (↓ 𝑃𝐶𝑅

and ↓↓ 𝑃𝐶𝑅) increases slower when increasing the axial load than a flatter roller. The
results for a flatter roller (↑ 𝑃𝐶𝑅) can not be considered because of the pressure peaks
occurring due to the stress concentrations in the roller edge.

7.3 Workflow

According to the observed influence of the different parameters on the frictional torque
and the maximum pressure, every geometry has to be designed for a specific operational
condition. During the optimization, the main goal is to reduce the resulting frictional
torque, with a sufficient load carrying capacity, while maintaining a similar pressure
compared to TRBs. Furthermore, the pressure distribution along the roller length, the
axial displacement of the roller, as well as the effective contact length 𝐿𝑤𝑒 have to be,
among others, monitored. The effective contact length 𝐿𝑤𝑒 has to be sufficient to meet
the requirements of load carrying capacity, but not exceeded, since a longer length turns
into a higher frictional torque.
The process of the optimization, defining the steps to follow, the input parameters to
varied as well as the outcomes to monitored are presented in this section. To do so, a
workflow for choosing the geometrical parameters defining the geometry for a specific load
condition has been developed. A chart of this process is represented in Figure 7.23. The
main steps in order to optimize the geometry are:

1. Definition of the load condition of the application

2. Choosing the contact angle 𝛼 in order to maximize the lifetime by following the
diagram represented in Figure 2 or similar: 𝛼 = 𝛽 = 𝑎𝑡𝑎𝑛(𝐹𝑎/𝐹𝑟).

3. Obtaining the dynamic bearing load 𝑃 following equation (2.12) and based on the
axial force 𝐹𝑎, the radial force 𝐹𝑟 and the contact angle 𝛼.

4. Calculating the required dynamic load rating 𝐶 in order to obtained the desired
lifetime as defined in equation (2.15).
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5. Calculating the effective roller length 𝐿𝑤𝑒 based on the previously obtained dynamic
load rating 𝐶 using equation (2.14).

6. Selecting the initial parameters defining the starting geometry which are:

• The 𝑃𝐶𝑅 of the roller which has to be maximized in order to minimize the
resulting drilling friction. As a reference, the corresponding value for a toroidal
roller bearing with similar main dimensions can be selected.

• The osculation 𝜅 which has to be, first of all, maximized in order to find its
minimum that results into the required effective roller length 𝐿𝑤𝑒.

• The parameters defining the location of the contact points are selected in such
a way that they are centered along the roller length. This is following equations
(4.2) and (4.2).

7. With the initial parameters chosen, together with the contact angle 𝛼 previously
obtained, a first simulation can be run.

8. The axial displacement of the roller can be obtained and analyzed.

9. According to the obtained axial displacement, it has to be considered whether a rib
contact is needed or not in order to absorb the resulting axial force.

10. If the axial displacement is such, that a rib contact is needed, the 𝑃𝐶𝑅 has to be
decreased, a new simulation has to be conducted and the new axial displacement
calculated (number 8).

11. If the axial displacement of the roller is admissible (does not affect the stability of
the dynamic behavior of the rolling bearing), the pressure distribution has to be
analyzed then.

12. If stress concentrations appear at the roller edge, the location of the contact points
has to be modified and the new pressure distribution obtained.

13. Based on the pressure distribution along the roller, the length of the contact that is
loaded has to be calculated 𝐿𝑤𝑒.

14. If the effective roller length 𝐿𝑤𝑒 obtained exceeds the requirements calculated at
number 5, the osculation 𝜅 of the rolling bearing has to be reduced.

15. If the effective roller length obtained 𝐿𝑤𝑒 meets the requirements calculated at number
5 (sufficient 𝐿𝑤𝑒 but not excessively exceed), the optimal solution for minimizing
the frictional torque while maintaining the load carrying capacity needed, has been
achieved.
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Once the optimal geometry has been obtained, the resulting frictional torque and maximum
pressure can be calculated. The frictional torque will be the minimum that can be obtained
for this geometry and load condition. Depending on the boundary conditions, the resulting
frictional torque may still not be lower than the resulting one for a TRB with same main
dimensions.
If the frictional torque has been reduced above the one of a TRB, the maximum pressure
can be compared afterwards. If the maximum pressure is higher than what is desired, the
osculation can be modified again. An increase of the osculation 𝜅 will reduce the maximum
pressure, but at the same time increase the frictional torque. The osculation 𝜅 has to be
therefore varied in order to find the compromise between the two output parameters that
meet the requirements.

Figure 7.23: Workflow for the optimization of the roller geometry of the new rolling bearing
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7.4 Application Example

7.4.1 Fundamentals of differential and pinion bearings

In the powertrain of vehicles, relative speeds between the driven outer and inner curve
wheels must be balanced. This task is performed by differential gears. The main bearings
of axle drives are subject to very high loads because the entire vehicle power is transmitted
via these bearing points in the smallest possible installation space.
Figure 7.24 shows a conventional gear unit for such an application [Sch21]. Two bearing
arrangements using either tandem angular contact ball bearings (upper half, green) or
tapered roller bearings (bottom half, red) can be seen. On the left, the pinion bearings
of the input shaft are designed in an O-arrangement. This rolling bearings are mainly
subjected to an axial load. On the right, the differential bearings of the shaft system with
the two outputs are designed in a X-arrangement. A clear source of frictional loss has been
identified in the bearing arrangement using tapered roller bearings. The bearing power
loss is generally lower for the differential bearings versus the pinion bearings [Mer19].

Figure 7.24: Wheel drive differential with conventionally used TRB (upper half) and
tandem angular contact ball bearings (bottom half) to improve the driveline
efficiency. [Sch21]

With the introduction of tandem angular contact ball bearings, the frictional losses could
be significantly reduced. Tandem angular contact ball bearings have been successfully used
as an alternative to tapered roller bearings for several applications, including the axle gear
of passenger cars. This bearing, compared to a TRB, has the advantage of considerably
less friction losses [Pla11; Boh12; Sch21].
In another comparative study on such a gear unit, the decrease in the preload of the pinion
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shaft in a system with tapered roller bearings is examined in more detail. Here, a significant
decrease in the preload is observed during a running-in process. It is assumed that this is
caused by smoothing of the contact points at the roller-rib contact. Furthermore, the same
elaboration confirms that the use of tandem angular contact ball bearings can lead to a
significant increase in efficiency due to a point contact instead of a line contact between
rolling elements and raceways in such a gear. However, it is noted that this effect decreases
with increasing torque on the pinion shaft [Pet04].
Ball bearings have, however, the disadvantage of less carrying capacity than TRB. Therefore,
although it is a better solution in case of passenger cars, its load rating is insufficient to
be used in highly loaded rolling bearings, such as heavy-duty trucks.
As an application example, a pinion bearing for heavy truck commercial vehicles has been
considered and studied. With the goal of decreasing the high frictional losses resulting in
the pinion bearing, the new rolling bearing geometry has been optimized for this specific
application. In section 7.4.2, the rolling bearing technical data of a commonly used TRB
for pinion shafts in commercial vehicles is presented. Furthermore, the boundary conditions
of this application are listed. In section 7.4.3, the optimization of the new rolling bearing
geometry for this specific application, based on the workflow defined in section 7.3, is
conducted.

7.4.2 Boundary conditions

A commonly used tapered roller bearing as pinion bearing for commercial vehicles is the
TRB 31313-A. Its main dimensions and dynamic load are listed in Table 7.3.
In [Mer19] Merckling studied the loads and speeds representing the most typical
working conditions of a pinion TRB for heavy truck commercial vehicles. Based on these,
he established the key load conditions most significantly impacting the weighted life and
weighted power loss. Based on his founding, the boundary conditions that will be studied
for the pinion bearing are:

• Axial load: 15-60 kN

• Angular velocity: 550-1600 rpm

For the purpose of the optimization of the new rolling bearing geometry, intermediate
values have been chosen. Like this, the parameters used for its optimization based on the
workflow presented in section 7.3 are 35 kN axial load and 1100 rpm.
In [Mer19] Merckling presented the resulting frictional torque when running under such
boundary conditions as well. However, he did not explain the lubricant conditions used
within his study in detail. Therefore, as a starting point, the lubricant conditions of the
simulation will be varied in order to obtain a similar frictional torque like the one obtained
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by Merckling for 35 kN and 1100 rpm. These parameters, together with the material
parameters are listed in Annex A.1.2. A comparison of the frictional torque obtained with
the MBS Model and the measured results obtained by Merckling is shown in Figure
7.25.

Figure 7.25: Comparison of the frictional torque of a pinion TRB obtained with the MBS
Model and the measured results obtained by Merckling [Mer19]

Table 7.3: Main dimensions and performance data of a TRB 31313 [Sch17]
Parameter Description TRB 31313

𝛼 Contact angle 24,5°
𝛾 Taper angle 4,165 mm
B Rolling bearing width 33 mm
𝐷𝑝𝑤 Pitch diameter 102,5 mm
𝐷𝑤𝑒 Roller diameter 18,0 mm
𝐿𝑤𝑒 Roller length 24,2 mm
r Rolling bearing bore radius 32,5 mm
R Rolling bearing outside radius 70 mm
Z Number of rollers 13
C Dynamic load rating 163 kN

7.4.3 Optimization and simulation results

The optimization of the new geometry followed many steps. The initial parameters, as
well as the intermediate parameters of the optimization, together with their resulting axial
displacement, stress concentrations or effective contact length can be found in Annex
A.2.1.
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The information known about the application example is limited. In terms of the load
conditions, the maximum radial force to which the rolling bearing is subjected for cases
of combined load is unknown. Therefore, the contact angle 𝛼 is chosen from the TRB
31313. Similarly, the limitations of space are unidentified. Therefore, the length of the
roller, defining the rolling bearing width, is chosen from the TRB 31313.
The final parameters of the optimized geometry, based on the workflow described in Figure
7.23, are listed in Table 7.4. By this means, the resulting frictional torque of the new
geometry is minimized, while the main dimensions of a TRB 31313 are maintained.

Table 7.4: Parameters defining the optimal geometry of the new rolling bearing type for
its use as a pinion bearing

Parameter Description Value

𝛼 Contact angle 24,5°
𝛾 Taper angle 4,165°
aA Distance from the bearing axis to the

center of the 𝑃𝐶𝑅𝑅

20,28 mm

aP Distance between contact points 12,1 mm
aPk Distance from contact point to the edge 8 mm
B Rolling bearing width 33 mm
𝐷𝑝𝑤 Pitch diameter 102,5 mm
𝐷𝑤𝑒 Roller diameter 18,0 mm
𝐿𝑤𝑒 Roller length 24,2 mm
PCR 𝑃𝐶𝑅𝑅 90 mm
r Rolling bearing bore radius 32,5 mm
R Rolling bearing outside radius 70 mm
𝜅 Osculation 0,95
w Calculation angle 3,26°
Z Number of rollers 13

However, with this optimization, the resulting frictional torque is not lower than the one
of a TRB 31313, but 367% higher. The reason for that is, among others, the lower 𝑃𝐶𝑅

that has to be chosen in order to obtain a minimum axial displacement, which leads to the
removal of the rib contact. This limitation is due to the high axial load which is applied.
The bigger the axial load acting on the roller, the smaller the PCR has to be, in order for
the roller-raceway contact to be able to absorb the acting axial force.
Considering the possibility of varying the original main geometrical parameters defining
the TRB 31313, two approaches in order to increase the 𝑃𝐶𝑅 of the roller and, therefore,
decrease the frictional torque have been studied. The first approach is to increase the
roller length. The second approach is to increase the contact angle 𝛼.
On one hand, the smaller the ratio between the PCR of the roller and the roller length
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𝐿𝑤𝑒 is, the higher the provided axial self-orientation ability of the rollers during operation
is. Therefore, the longer the roller length is (in other words, the distance between the
contact points 𝑎𝑃 ), the bigger the PCR of the roller can be. By increasing the length of
the roller, the total bearing roller width increases as well. In order to be able to do that,
the space limitations have to be considered.
On the other hand, the angle between the acting axial load and the roller surface absorbing
this load is increased by increasing the contact angle 𝛼. Therefore, the resulting axial
displacement of the roller is reduced. The load conditions studied within this example are
pure axial load. In order to increase the contact angle 𝛼, the combined load conditions
have to be identified and studied as well.
The roller geometries resulting from these changes are illustrated in Figure 7.26. The
optimization process followed for these geometries is described in Annex A.2.2 and A.2.3.
The resulting optimal geometrical parameters are listed in Table 7.5.

Figure 7.26: Representation of different roller geometries with the same main dimensions
than a TRB 31313 (a), with increased roller length (b) and with increased
contact angle 𝛼 (c)

An overview of the different frictional torques for each geometry, compared to a TRB is
shown in Figure 7.27. Although the resulting frictional torque for the new geometry is
slightly reduced when the contact angle 𝛼 and the roller length 𝐿𝑤𝑒 are increased, its value
is still far away from the frictional torque obtained when using a TRB as a pinion bearing.
The characteristic geometry of the roller under study results into an asymmetric pressure
distribution along the roller length (Figure A.2 in Annex A.2.1). This means a higher
pressure peak occurs at one of the contact points compared to the other one. This might
therefore result into a bigger skewing of the roller and the corresponding frictional losses.
The crowing of the roller results furthermore into a different skewing moment at the inner
ring than at the outer ring, which results into an undesired skewing of the roller as well.
Furthermore, in comparison with a TRB, where the axial displacement of the roller is
limited by the rib of the inner ring, the possibility of the roller of the new geometry to
move along its z-axis might result into an undesired tilting of the rollers.
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Table 7.5: Parameters defining the optimal geometries of the new rolling bearing type with
increased length of the roller and contact angle for its use as a pinion bearing
Parameter Description ↑ 𝐿𝑤𝑒 ↑ 𝛼

𝛼 Contact angle 24,5° 30
𝛾 Taper angle 4,165° 5,018°
aA Distance from the bearing axis to the

center of the 𝑃𝐶𝑅𝑅

46,6 mm 15,6

aP Distance between contact points 15 mm 12,1
aPk Distance from contact point to the edge 9,5 mm 8
B Rolling bearing width 40 mm 33
𝐷𝑝𝑤 Pitch diameter 102,5 mm 102,5 mm
𝐷𝑤𝑒 Roller diameter 18,0 mm 18,0 mm
𝐿𝑤𝑒 Roller length 30 mm 24,2 mm
PCR 𝑃𝐶𝑅𝑅 120 mm 80 mm
r Rolling bearing bore radius 32,5 mm 32,5 mm
R Rolling bearing outside radius 70 mm 70 mm
𝜅 Osculation 0,95 0,97
w Calculation angle 3,48° 4,20°
Z Number of rollers 13 13

Figure 7.27: Resulting frictional torque for the different geometries of the new rolling
bearing type studied and its comparison with a TRB 31313 when subjected to
a pure axial load of 35 kN and an angular velocity of 1100 rpm. From the left
to the right: a TRB 31313, an optimal geometry with same main geometrical
parameters than a TRB 31313, an optimal geometry with increased 𝐿𝑤𝑒

compared to a TRB 31313, an optimal geometry with increased 𝛼 compared
to a TRB 31313
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In order to understand the dynamic behavior of the new rolling bearing geometry better,
the skewing and tilting values of a roller are analyzed and compared to the roller of a TRB
31313. The results are presented in Figure 7.28. It can be observed, that both the skewing
and the tilting of the roller are bigger within the new rolling bearing geometry. This is,
together with the resulting drilling friction, the main reason for the higher frictional torque
observed for this rolling bearing type compared to a TRB 31313.

Figure 7.28: Resulting skewing and tilting of the roller for the TRB 31313 and the new
geometry with same main dimensions as the TRB 31313 when subjected to a
pure axial load of 35 kN and an angular velocity of 1100 rpm
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8.1 Summary

Rolling bearings belong among the most reliable and most used machine elements. They
are used wherever relatively moving parts need to be supported or guided. In the at-
tempt to reduce the fuel-consumption and the CO2-output of any kind of vehicle, each
rolling bearing system is thought over and optimized. Up till today for many applica-
tions rolling bearings with high frictional losses, e.g., tapered roller bearing, could have
been replaced by bearing designs with significantly lower frictional losses. Partly this
has been realized via new types of bearings, which do show appropriate performance
characteristics. The relatively high friction losses occurring at the rib contact of TRBs are
a spotlight for the engineers in this area of work. This study focuses on the development of
a new type of rolling bearing, based on the existing TRB, without the need of a rib contact.

In these terms, a new rolling bearing geometry has been described and a MBS Model of
it has been created and experimentally validated. For this purpose, several parameters
defining the geometry of a roller have been studied and their influence on main outcomes
like pressure distribution and frictional torque analyzed within the scope of a sensitivity
analysis. Moreover, various patents defining new rolling bearing types and the correlations
between their geometrical parameters have been considered. Thus, the geometry of the
new rolling bearing type is characterized by a conical crowned roller with two contact
points per raceway along the roller length. Thanks to the crowned profile of the roller, the
angle between the acting axial load and the roller surface absorbing this load is increased
in comparison to a TRB. By this means, the need of a rib contact at the inner ring does
not longer exist, alongside its resulting frictional losses.

Most of the correlations observed between the parameters are transferable to other
rolling bearing types. However, some of them, especially those concerning the location of
the contact points, are unique to this geometry. Hereunder some of the most important
correlations between geometrical characteristics and outcomes are enumerated:

• The contact length of the roller influences many outcomes. Such as, the longer the
contact length is:
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– The higher the load carrying capacity is.

– The higher the resulting frictional torque is.

– The lower the maximum pressure is.

• The contact length, on the other hand, is influenced by the geometry of the roller in
various ways:

– The narrower the osculation 𝜅 is, the longer the contact length is.

– The bigger the contact angle 𝛼 is in comparison to the load angle, the shorter
the contact length is.

• Furthermore, the frictional torque is influenced by the crowning (𝑃𝐶𝑅) of the roller
and its resulting drilling friction. The bigger the 𝑃𝐶𝑅 of the roller is, the higher
the drilling friction is, therefore the higher the resulting frictional torque is.

• The axial displacement is the main parameter that has to be analyzed in order to
prove the correct dynamic behavior of the rolling bearing. By this means, it can
be analyzed if the profiling of the roller (the roller-raceway contact) can absorb the
axial force on its own. If this is not the case, a rib contact would be needed. In
general terms, the smaller the ratio between the 𝑃𝐶𝑅 of the roller and the roller
length 𝐿𝑤𝑒 is, the higher the provided axial self-orientation ability of the rollers is.
Therefore, the axial displacement of the roller can be reduced by:

– Reducing the 𝑃𝐶𝑅 of the roller. By this means, the angle between the acting
axial load and the roller surface absorbing this load is increased, therefore, the
axial displacement is decreased.

– Increasing the distance between contact points 𝑎𝑃 , therefore, increasing the
roller length.

With the results obtained in the sensitivity analysis and the correlations described before, a
workflow for the optimization of the new rolling bearing geometry for a specific application
has been developed. Based on this workflow, an optimization of an application example
has been conducted.
An alternative for a TRB is still searched for in applications where high frictional losses
take place due to a high frictional torque occurring in the roller-rib contact and at the
same time a high load carrying capacity is needed. The higher frictional losses occurring
in the roller-rib contact take place when a high axial load is acting on the roller. For this
purpose, a pinion bearing of the differential gearbox of a heavy-duty commercial vehicle
has been studied. Based on the most typical working conditions of a pinion TRB, the new
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rolling bearing geometry has been optimized.
For the new rolling bearing geometry, the following occurs: the bigger the axial load acting
on the roller is, the smaller the PCR has to be, in order for the roller-raceway contact
to be able to absorb the acting axial force. Therefore, the resulting drilling friction can
not be minimized as much as required. All this makes it impossible for the new rolling
bearing geometry to deliver lower frictional torque than a TRB when high axial load is
acting on the rolling bearing, which is the case for the chosen application example. The
comparison of simulation results for both a pinion TRB and a pinion of the new rolling
bearing geometry shows much higher frictional losses for the new geometry than for the
TRB. Therefore it has been proven, that this geometry is not a suitable substitute for the
specific application.

The results and knowledge gathered in this project are not amenable to direct com-
mercial exploitation. However, selected results and findings can be used for the further
development of a tapered spherical roller bearing or any other type of roller bearing.

8.2 Outlook

The most important sources of the high resulting frictional torque of the new geometry
are the drilling friction of its characteristic crowned profile together with the skewing
and tilting of the roller. The rotation of the roller among the axes perpendicular to the
rotation axis result into undesired friction and have to be minimize. In order to optimize
the dynamic behavior of the rollers of the geometry studied in this work in terms of its
resulting skewing and tilting, several modifications and improvements can be carried out
on its geometrical definition and MBS Model.
First of all, it has been observed, that the pressure distribution of the new geometry
showed a higher pressure peak at one of the contact points compared to the other. The
contact point with the higher pressure was located closer to the bigger diameter of the
roller for the cases studied. This behavior is more pronounce for the application example
considered. Furthermore, the contact area at this point was as well bigger. A possible
solution in order to obtain a more symmetrical distribution of pressure along the roller
length would be to provide a different osculation value for the two contact points. Like this,
the contact point closer to the bigger diameter of the roller would have a wider osculation
than the other contact point, therefore a more symmetrical pressure distribution can be
achieved, avoiding the corresponding slippage.
Another possibility in order to reduce the skewing of the rollers is to have a different
contact situation for the inner ring than for the outer ring. By providing a different
frictional torque for both contacts (inner vs. outer ring), a possible skewing of the roller
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can be reduced and, therefore, the total frictional torque minimized.
Moreover, the guidance that the cage provides, together with the friction resulting from its
contact with the roller, should be studied in more detail. For this purpose, a comparative
consideration of cage modeling strategies and designs, as well as its influence in the
resulting skewing and tilting of the roller and ultimately frictional losses, is suggested.



A Annex

A.1 Boundary conditions for the MBS Model

The general boundary conditions for all simulations conducted in the framework of the
work are listed in Table A.1.

Table A.1: General boundary conditions parameters for the MBS Model
Parameter Description Value Units

𝐸 Young´s modulus 208000 𝑁/𝑚𝑚2

𝜈 Poisson´s ratio 0,3 -
𝜌 Density 7850 𝑘𝑔/𝑚3

𝑇Ö𝐿 Lubricant temperature 50-60 °C
𝜈Ö𝐿 Lubricant viscosity 57,01-36,88 𝑚𝑚2/𝑠

𝜌Ö𝐿 Lubricant density 0,87-0,85 g/ml

A.1.1 Specific boundary conditions for the prototype and a TRB 32208

Specific boundary conditions for the definition of the profile of a TRB 32208 are listed in
Table A.2 based on Figure A.1.
The parameters defining the surface quality of the rollers and raceways as well as the
mixed friction parameters according to Zhou and Hoeprich [ZH91] for both the Prototype
and a TRB 32208 are listed in Table A.3.

Figure A.1: Parameters for the logarithmic profile according to [Teu05]
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Table A.2: Parameters for the logarithmic profile according to [Teu05]
Parameter Value Units

𝑎𝑝 0,0005 -
𝑐𝑝 15,5 mm
𝑑𝑝 0 mm
𝑘𝑝 2,0 mm
𝑟𝑘 0,8 mm

Table A.3: Boundary condition parameters for the Prototype and a TRB 32208
Values

Description Parameter Prototype TRB 32208 Units

Roughness

𝑠𝑞,𝑅𝑊 0,14 0,22 𝜇𝑚

𝑠𝑞,𝑅 0,17 0,24 𝜇𝑚

𝑠𝑞,𝑅𝑖𝑏 - 0,26 𝜇𝑚

𝑠𝑞,𝑅−𝑒𝑛𝑑 - 0,28 𝜇𝑚

Combined roughness stan-
dard deviation

𝜎𝑅𝑊 0,22 0,33 𝜇𝑚

𝜎𝑅−𝑒𝑛𝑑−𝑅𝑖𝑏 - 0,38 𝜇𝑚

Raceway contact mixed
friction parameters

𝐵𝑍𝐻 1,7 2,27 -
𝐶𝑍𝐻 0,8 1,05 -

Roller end - rib contact
mixed friction parameters

𝐵𝑍𝐻 - 1,78 -
𝐶𝑍𝐻 - 1,01 -

A.1.2 Specific boundary conditions for the application example of a pinion bearing

Specific boundary conditions for the application example of a pinion bearing are listed in
Table A.4.

Table A.4: Boundary condition parameters for the pinion bearing
Description Parameter Value Units

Roughness
𝑠𝑞,𝑅𝑊 0,09 𝜇𝑚

𝑠𝑞,𝑅 0,12 𝜇𝑚

Combined roughness standard de-
viation

𝜎𝑅𝑊 0,13 𝜇𝑚

Raceway contact mixed
friction parameters

𝐵𝑍𝐻 1,85 -
𝐶𝑍𝐻 0,85 -

Lubricant temperature 𝑇Ö𝐿 50 °C
Lubricant viscosity 𝜈Ö𝐿 38,95 𝑚𝑚2/𝑠

Lubricant density at 15° 𝜌Ö𝐿 0,86 g/ml
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A.2 Optimization process of the application example of a pinion
bearing

A.2.1 Optimization for a geometry with the same main dimensions as a TRB
31313

The initial parameters for the optimization of the pinion bearing conducted in section
7.4 are listed in Table A.5. The parameters 𝐵, 𝐷𝑝𝑤, 𝐷𝑤𝑒, 𝐿𝑝𝑤, 𝑟, 𝑅 and 𝑍 as well as
the contact angle 𝛼 and the resulting taper angle 𝛾 have been chosen from the TRB
31313 in order to be optimized. The 𝑃𝐶𝑅𝑅 of a toroidal roller bearing with similar main
dimensions like a TRB 31313 has been selected: a CARB 2213. The osculation 𝜅 has
been, first of all, maximized: 𝜅 = 0,99. Following the indications listed in section 7.3, the
parameters defining the location of the contact points (𝑎𝑃 and 𝑎𝑃𝐾) are selected in such
a way, that they are centered along the roller length. This matches the following equations
(4.2) and (4.3).

Table A.5: Initial parameters for the optimization of a pinion bearing
Parameter Description Value

𝛼 Contact angle 24,5°
𝛾 Taper angle 4,165°
aA Distance from the bearing axis to the

center of the 𝑃𝐶𝑅𝑅

115,89 mm

aP Distance between contact points 12,1 mm
aPk Distance from contact point to the edge 6,05 mm
B Rolling bearing width 33 mm
𝐷𝑝𝑤 Pitch diameter 102,5 mm
𝐷𝑤𝑒 Roller diameter 18,0 mm
𝐿𝑤𝑒 Roller length 24,2 mm
PCR 𝑃𝐶𝑅𝑅 200 mm
r Rolling bearing bore radius 32,5 mm
R Rolling bearing outside radius 70 mm
𝜅 Osculation 0,99
w Calculation angle 4,4°
Z Number of rollers 13

After the selection of the initial parameters, the first optimizations have been conducted.
The results of these simulations are listed in Table A.6. Within the first stages, the 𝑃𝐶𝑅

of the roller leading to an acceptable axial displacement, where no rib contact is needed,
is searched for. These first optimization stages (geometries 1, 2, 3 and 4) are equivalent to
the steps 8, 9 and 10 of the workflow presented in section 7.3. For a better understanding
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of the resulting axial displacement, the corresponding effective length (rolling length that
is loaded) has been monitored as well.
Once the axial displacement of the roller is decreased to a limit where no rib contact
is needed (0,047 mm for this example), the second optimization step can be conducted
(geometries 4, 5, and 6). This corresponds to the steps 11 and 12 of the workflow. First
of all, the stress peaks occurring when the contact point is too close to the end have to
be avoided. For this purpose, the location of the contact points (𝑎𝑃𝑘) is varied and the
resulting maximum pressure analyzed. The pressure distribution of geometries 4, 5 and 6
is represented in Figure A.2. Afterwards, the osculation 𝜅 has been decreased in order to
reduce the resulting frictional torque. For this purpose, the corresponding effective roller
length 𝐿𝑤𝑒 has to be monitored as well. The effective roller length 𝐿𝑤𝑒 has to be chosen
in order to provide the needed load carrying capacity.

Table A.6: Parameters defining the geometries of the optimization process
Geom. PCR (mm) aPk (mm) 𝜅 (-) Axial disp. (mm) 𝐿𝑤𝑒 (mm)

#1 200 6,05 0,99 2 4,68
#2 150 6,05 0,99 0,85 5,46
#3 100 6,05 0,99 0,07 15,61
#4 90 6,05 0,99 0,047 17,95
#5 90 8 0,99 0,024 22,64
#6 90 8 0,95 0,024 17,95

Figure A.2: Pressure distribution along the contact length for different geometries as
described in Table A.6
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A.2.2 Optimization for a geometry with longer 𝐿𝑤𝑒 than a TRB 31313

The optimization process followed for a geometry with longer 𝐿𝑤𝑒 than a TRB 31313 is
the same as the previously explained one (Annex A.2.1). The parameters chosen for each
optimization step are listed in Table A.7. The pressure distribution of geometries 23, 24
and 25 is presented in Figure A.3.

Table A.7: Parameters defining the geometries of the optimization process for a geometry
with longer 𝐿𝑤𝑒

Geom. PCR (mm) aPk (mm) 𝜅 (-) Axial disp. (mm) 𝐿𝑤𝑒 (mm)

#21 200 7,5 0,99 0,85 4,84
#22 150 7,5 0,99 0,18 10,65
#23 120 7,5 0,99 0,052 21,29
#24 120 9,5 0,99 0,032 26,13
#25 120 9,5 0,95 0,032 17,95

Figure A.3: Pressure distribution along the contact length for different geometries as
described in Table A.7

A.2.3 Optimization for a geometry with bigger 𝛼 than a TRB 31313

The optimization process followed for a geometry with bigger 𝛼 than a TRB 31313 is the
same as the previously explained one (Annex A.2.1). The parameters chosen for each
optimization step are listed in Table A.8. The pressure distribution of geometries 34, 35
and 36 is presented in Figure A.4.
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Table A.8: Parameters defining the geometries of the optimization process for a geometry
with bigger 𝛼

Geom. PCR (mm) aPk (mm) 𝜅 (-) Axial disp. (mm) 𝐿𝑤𝑒 (mm)

#31 200 6,05 0,99 1,22 3,90
#32 150 6,05 0,99 0,55 5,46
#33 120 6,05 0,99 0,35 6,25
#34 90 6,05 0,99 0,038 17,17
#35 90 8 0,99 0,033 18,74
#36 90 8 0,97 0,033 17,95

Figure A.4: Pressure distribution along the contact length for different geometries as
described in Table A.8
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